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Abstract

This study evaluates the performance characteristics of a power plant incorporating a steam
turbine and a direct air-cooled dry/wet condenser operating at different ambient temperatures.
The proposed cooling system uses existing A-frame air-cooled condenser (ACC) technology
and through the introduction of a hybrid (dry/wet) dephlegmator achieves measurable
enhancement in cooling performance when ambient temperatures are high. In order to
determine the thermal-flow performance characteristics of the wet section of the
dephlegmator, tests are conducted on an evaporative cooler. From the experimental results,
correlations for the water film heat transfer coefficient, air-water mass transfer coefficient
and the air-side pressure drop over a deluged tube bundle are developed. During periods of
high ambient temperatures the hybrid (dry/wet) condenser operating in a wet mode can
achieve the same increased turbine performance as an oversized air-cooled condenser or an
air-cooled condenser with adiabatic cooling (spray cooling) of the inlet air at a considerably
lower cost. For the same turbine power output the water consumed by an air-cooled
condenser incorporating a hybrid (dry/wet) dephlegmator is at least 20% less than an air-

cooled condenser with adiabatic cooling of the inlet air.
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A Area, m*
c, Specific heat at constant pressure, J/kg K
d Diameter, m
d, Equivalent or hydraulic diameter, m
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G Mass velocity, kg/sm”
8 Gravitational acceleration, m/s’
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i Enthalpy, J/kg
I Latent heat, J/ kg
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NTU Number of transfer units
Ny Characteristic heat transfer parameter, m’
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p Pressure, N/m”
p., Critical pressure, N/m’
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4 Heat flux, W/ m’
R Gas constant, J / kg K
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Vapor
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Wetbulb
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1 Executive summary

Currently most power plants incorporating a steam cycle either employ wet-cooling systems
which consume a relatively large amount of water, or air-cooled systems which operate
inefficiently at high ambient temperatures. In some cases dry/wet or wet/dry cooling systems

are employed, but these are often more expensive than other options.

This project investigates to what extent the thermal performance of an A-frame direct air-
cooled condenser can be enhanced by the introduction of a hybrid (dry/wet) dephlegmator,
while the amount of water consumed is limited. The proposed hybrid (dry/wet) dephlegmator
consists of two stages: The first an air-cooled condenser with finned tubes and the second a
bundle of galvanized steel tubes arranged horizontally. The second stage can either be
operated as a dry air-cooled condenser or the tubes can be deluged with water and operated as

an evaporative condenser.

During periods of high ambient temperatures or peak demand, the second stage of the hybrid
(dry/wet) dephlegmator is deluged with water and operated as an evaporative condenser. Due
to discrepancies in the performance characteristics given in the literature for evaporative

coolers and condensers, tests are conducted on an evaporative cooler. From the experimental

results, correlations for the water film heat transfer coefficient, /s, , air-water mass transfer

coefficient, &, , and air-side pressure drop over the deluged tube bundle, Ap, are obtained. It

is found that the correlations for the water film heat transfer coefficient and the air-water

mass transfer coefficient compare well with the correlations given by Mizushina et al. (1967).

The turbo-generator power output for a steam turbine incorporating an air-cooled condenser
with a hybrid (dry/wet) dephlegmator is evaluated for different operating conditions and
compared to the power output of other condenser configurations. A measurable increase in
the turbo-generator power output can be achieved during periods of higher ambient
temperatures if a hybrid (dry/wet) dephlegmator is incorporated into an air-cooled condenser.
The possible increase in the turbo-generator output is the same as for an oversized air-cooled
condenser (33% increase in the air-cooled condenser size) or an air-cooled condenser with
adiabatic or sprays cooling of the inlet air (100% wetbulb depression of the inlet air with a
50% relative humidity). For the same increase in turbo-generator power output, the amount of

water consumed by the air-cooled condenser incorporating a hybrid (dry/wet) dephlegmator



is at least 20% lower than the amount of water consumed by an air-cooled condenser with
adiabatic or spray cooling of the inlet air. The capital cost of air-cooled condenser
incorporating a hybrid (dry/wet) dephlegmator will be considerably less than over-sizing the
air-cooled condenser. The air-cooled condenser incorporating a hybrid (dry/wet)
dephlegmator may provide a cost effective alternative at locations which are subjected to

high water prices or where the available water resources are limited.



2 Introduction

Due to the decreasing availability and rising cost of cooling water, dry-cooling towers or
direct air-cooled condensers (ACC’s) are increasingly employed to reject heat to the
environment in modern power plants incorporating steam turbines. Unfortunately, with an
increase in the ambient temperature, the effectiveness of these cooling systems decrease
resulting in a corresponding reduction in turbine efficiency. The reduction in turbine output
during hot periods may result in a significant loss in income, especially in areas where the
demand and cost for power during these periods is high. Enhancing the cooling performance
during these periods may thus be justified. Dry/wet cooling systems, with their relatively low
water consumption rate, provide the option of enhanced thermal performance during periods

of high ambient temperatures, but their use is limited due to their relatively high capital cost.

This study investigates the thermal performance characteristics of a practical cost-effective
direct hybrid (dry/wet) condenser. Using a set of turbo-generator-condenser performance
characteristics, the power plant output for the hybrid (dry/wet) condenser is compared to the
power output for other condenser configurations. In order to determine the performance
characteristics of the wet section of the condenser, tests are conducted on an evaporative

cooler.

2.1 Dry-cooling

As the availability of water required for wet-cooling systems becomes more limited, modern
power plants are increasingly employing indirect dry-cooling towers or direct air-cooled
steam condensers to condense steam turbine exhaust vapor. Direct air-cooled condenser units
in power plants usually consist of finned tubes arranged in the form of a delta or A-frame to
drain condensate effectively, reduce distribution steam duct lengths and minimize the
required ground surface area. An example of an A-frame finned tube air-cooled steam

condenser unit is shown schematically in Figure 2.1.

A-frame direct air-cooled steam condenser units are normally arranged in multi-row or multi-
street arrays. Each street consists of three to five main condenser units with a dephlegmator
or secondary reflux condenser connected in series as shown in Figure 2.2. The addition of the
dephlegmator increases the steam flow in the main condenser units to such an extent that

there is a net flow of steam out of every tube. This inhibits the accumulation of non-



condensable gases in the tubes that may lead to corrosion, freezing or a reduction in the heat

transfer capability of the system.

Air Stea}m
out turbine
Finned tube Steam
Fan
Air-cooled
condenser
Condensate Condensate to
tank feedwater circuit
Condensate
pump
Figure 2.1: Direct air-cooled steam condenser
/ Steam
N

Condenser

To ejector

Steam duct
(dividing header)

Figure 2.2: Direct air-cooled condenser street



An example of an indirect dry-cooling system, also sometimes referred to as the Heller
system, is shown schematically in Figure 2.3. The waste heat in the Heller system is

dissipated via either a surface or direct contact (spray) condenser.

Generator

| Turbine

Recovery
turbine

Condensate

———

11[1![%
-
:IH"HV@

Figure 2.3: Indirect dry-cooling system

Unlike the thermal performance of wet-cooling systems, which are dependent on the wetbulb
temperature of the ambient air, an air-cooled system’s performance is directly related to the
drybulb temperature. The ambient drybulb temperature is normally higher than the wetbulb
temperature and experiences more drastic daily and seasonal changes. Although air-cooled
systems provide a saving in cooling water, they experience performance penalties during

periods of high ambient temperatures.

Maulbetsch and DiFilippo (2006) conducted a study on four different 500 MW gas-fired,
combined-cycle power plants (170 MW produced by the steam turbine), located at different
sites in California, and compared the cost of wet- and dry-cooling at each site. They found
that although dry-cooling reduces the annual water consumption on average by 95% to 96%,
the total plant cost is 5% to 15% higher if dry-cooling instead of wet-cooling is used. They
also note that for dry-cooled systems, due to their performance penalties during periods of
high ambient temperature, the reduction in the potential annual income may be 1% to 2% or
amount to $ 1.5 to $ 3 million. The utilization of dry-cooling systems is therefore highly

dependent on the availability and/or cost of water at a particular site.



2.2 Dry/wet cooling systems

Dry/wet or wet/dry cooling systems utilize characteristics of both dry- and wet-cooling
towers. These systems’ overall water consumption rates typically vary between 20 to 80
percent of those normally required for all-wet systems, but unlike air-cooled systems are not
subjected to the dramatic loss in efficiency during periods of higher ambient temperatures
(Maulbetsch, 2002). The performance characteristics of the dry/wet cooling systems are
highly dependent on the chosen configuration. In the design of dry/wet cooling systems, it is
desirable to achieve the highest possible thermodynamic efficiency while utilizing the

smallest amount of cooling water in the most cost-effective manner.

The dry and wet sections, in the dry/wet systems, may be arranged in different combinations
that will differ in capital cost and operating capabilities. Maulbetsch (2002) briefly
summarized the different dry/wet system arrangements described by Lindahl and Jameson

(1993) and Mitchell (1989). Some of the possible cooling tower arrangements include,

¢ Single-structure combined tower (hybrid) or separate dry and wet towers
e Series or parallel airflow paths through the dry and wet systems

e Series or parallel connected cooling water circuits
while possible condenser arrangements are,

e Common condenser
¢ Divided water box separating the cooling water flows from the wet and dry towers

e Separate condensers

A hybrid cooling system is a dry/wet or wet/dry cooling system that combines the dry and
wet units in a single cooling tower. The induced draft cooling towers at the 500 MW(e) San
Juan power plant in New Mexico, shown schematically in Figure 2.4, consists of five cells, of
which each has sixteen air-cooled heat exchangers modules and two wet-cooled modules.
The cooling water flows in series, from the dry to the wet section, while the air passes in
parallel through the sections. At the design point of a drybulb and wetbulb temperature of
respectively 35°C and 18.9°C, 63% of the heat is rejected as latent heat (evaporation of the
cooling water). However during periods of lower ambient temperatures, the wet section can

be bypassed for fully dry operation (Kréger 2004).
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Figure 2.4: Schematic representation of the San Juan dry/wet cooling tower

The indirect Heller/EGI Advanced Dry/deluge (HEADd) combined cooling system
introduces additional auxiliary and preheater/peak dry/wet cooling units to the conventional
Heller system. The preheater/peak coolers, water-to-air heat exchangers, are installed inside
the cooling towers as shown schematically in Figure 2.5. The preheater/peak coolers are
connected in parallel to the main cooling deltas. With the start-up of the cooling tower during
cold winter periods, these coolers help to preheat the cooling deltas before filling, while
during the hottest peak periods they are deluged with water and operated in mechanical draft
mode to improve the thermal performance of the tower. The preheater/peak coolers comprise

approximately 5 percent of the total heat transfer surface area (Szabo 1991).

Cooling systems for plume abatement also include wet and dry cooling units in one tower.
These systems are however essentially wet systems with just enough dry-cooling to reduce
the humidity of the exiting air, so that no visible plume forms during cooler periods with
higher humidity. The system’s design is not aimed at reducing the amount of cooling water

consumed.
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Figure 2.5: Preheater/peak coolers inside the cooling towers

De Backer and Wurtz (2003) investigated the use of mechanical draft wet-cooling towers
connected in parallel to direct dry-cooling systems. Figure 2.6 shows that for a particular
parallel dry/wet cooling system, during the warmest periods, the turbo-generator can operate
at a 20 % lower steam back pressure than when an all-dry-cooling system is employed. The
overall amount of water consumed by the particular dry/wet cooling system is only 4 % of the

water an all-wet-cooling system will consume.

Boulay et al. (2005) conducted a study to determine whether it would be more economical to
oversize direct air-cooled systems or use alternative dry/wet systems to achieve lower
backpressures during summer time and generate additional revenue when energy prices peak.
The cost and performance were compared at two sites: Northeastern USA (Harrisburg, PA)
and a hotter and drier Southwestern location (Phoenix, AZ). The dry/wet systems offered
better paybacks than over-sizing the air-cooled condensers, but due to their high capital cost,
only had a marginal return at the Northeastern site and proved not to be economical for the

Southwestern site.
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Figure 2.6: Exhaust steam back pressure for dry-, wet- and dry/wet cooling

Dry/wet systems provide relatively good thermal performance characteristics during warmer
ambient conditions, while maintaining a low overall water consumption rate. The initial
capital costs as well as the operating and maintenance costs of these systems are relatively
high due to the fact that they consist of both dry and wet cooling towers. Utilization of the
wet-cooling tower only during short periods of high ambient temperatures tends to reduce the

lifecycle economical viability of dry/wet cooling systems.

To enhance the performance of dry-cooling systems, the air-side of the heat exchanger
surface can be deluged with recirculating water. Deluge systems make use of both sensible
and latent heat transfer. The latent heat transfer takes place through the evaporation of a small
amount of deluge or cooling water into the air stream. By deluging the heat exchanger with
cooling water and enabling evaporative cooling, the heat transfer rate may be improved
significantly (Kroger, 2004). A problem associated with deluge cooling is the fouling and
corrosion of the air-side of the tubes; this can however be limited in the case of plain tube

bundles, so that its influence does not drastically inhibit the thermal performance.

2.3 Adiabatic cooling of inlet air
The performance of dry-cooled systems can also be enhanced by passing the entering air

through a wet tower fill or by introducing a fine spray into the air upstream of the heat

9



exchanger, adiabatically cooling the air. Evaporation of the water cools the air to near its
wetbulb temperature, resulting in a thermal performance improvement of the air-cooled heat

exchanger.

Conradie and Kroger (1991) investigated and compared two methods of enhancing the
thermal performance of an air-cooled condenser: Deluging the air-side surface of the air-
cooled condenser with water, enabling both sensible and latent heat transfer, and the adiabatic
spray cooling of air entering the air-cooled condenser. They showed that for both systems
there are measurable increases in the thermal performance, but due to variations in the
availability of water and system costs they could not provide a definite answer as to which
system would provide the best option. The increase in the turbo-generator power output for a

direct air-cooled condenser with the adiabatic cooling (spray cooling) of the inlet air is shown

in Figure 2.7.
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Large spray droplets may inhibit complete evaporation and cause significant wetting of the
heat transfer surface. Woest et al. (1991) studied corrosion behavior of galvanized fin tubes
when sprayed with potable water and showed that it can result in severe corrosion of the
tubes. Studies were then conducted to see whether it is possible to achieve complete

evaporation of the spray droplets and prevent the wetting of the heat exchanger surface.

Wachtel (1974) reported that for droplets smaller than 20 pm complete evaporation can be
achieved, while Duvenhage (1993) stated that droplets with a diameter of 50um have
normally evaporated before they reach the heat exchanger. Branfield (2003) argued that the
predictions of Wachtel (1974) and Duvenhage (1993) rely on variable parameters (such as the
ambient conditions and the height of the heat exchanger above the inlet) and that wetting of
the heat exchanger surface may occur even though the droplets are smaller than 20 um in

diameter.

Investigating adiabatic enhancement of air-cooled power plants in California, Maulbetsch and
DiFilippo (2003) conducted tests on various low-pressure nozzles and the arrangement of the
nozzles. They also investigated the effect of introducing a drift eliminator to reduce the
amount of unevaporated droplets entering the finned tube bundle. Tests showed that during
periods of high ambient temperatures it is possible to achieve between 60% and 100% of the
prevailing wet-bulb depression and 75% of the turbine output losses can be recovered
through the use of spray enhancement during the 1000 hottest hours of the year. Under these
conditions the installation payback period will be between a year and two and a half years.
However, for the nozzles tested only between 60% and 70% of the spray water is evaporated
and even the introduction of the drift eliminator cannot ensure that the finned surfaces remain
dry. The unevaporated water droplets accumulating on the structure lead to corrosion of the
structure surfaces as well as undesirable rainback that causes surface and ground water

contamination.

The high cost of generating a fine mist for spray cooling prompted Esterhuyse and Kroger
(2005) to investigate whether the use of electrostatic forces (ionization) can prevent the
wetting of the finned surfaces. Although the experiments showed that the droplet deposition
is reduced as the induction voltage applied to the heat exchanger tubes is increased, some
wetting still occurs. Uncertainty exists whether zero droplet deposition can be reached and

concern over the safety (high voltage) of the system was raised.
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2.4 Proposed hybrid (dry/wet) cooling system

The thermal performance characteristics of a cost effective direct dry/wet cooling system that
makes use of existing A-frame air-cooled condenser technology is investigated. The system
maintains good thermal performance during periods of high ambient temperatures, while only

utilizing the limited water resources available.

As in an A-frame direct air-cooled system, the steam is fed via steam header to the primary
condenser units; excess steam leaving the primary condenser units is condensed in the
dephlegmator (secondary reflux condenser to remove non-condensable gases) as shown in
Figure 2.2. It is proposed that the air-cooled dephlegmator be replaced by a hybrid (dry/wet)
dephlegmator, consisting of two stages: It consists firstly of an air-cooled condenser with
somewhat shortened inclined finned tubes, similar to those used in the A-frame configuration,
and a second stage consisting of smooth galvanized steel tubes arranged horizontally. The
configuration of the proposed hybrid dephlegmator is shown schematically in Figure 2.8. The
second stage, as shown in Figure 2.9, can be operated either as an air-cooled condenser (dry)
or the air-side surface of the tube bundle can be deluged with water, thus to be operated as an

evaporatively cooled condenser.
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Figure 2.8: Hybrid dry/wet dephlegmator

The operation of the second stage depends on the ambient conditions. During periods of low
ambient temperatures where air-cooling is sufficient, the second stage is operated in a dry

mode. However, during hotter periods deluge water is sprayed over the galvanized steel tubes
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and the second stage is operated as an evaporative condenser. The deluge water is collected

under the tube bundle in troughs.
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Figure 2.9: Second stage of the hybrid (dry/wet) dephlegmator
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This system has the potential of enhanced thermal performance during periods of high
ambient temperatures, while having a lower overall water consumption rate than a spray
cooled system (adiabatic pre-cooling of inlet air) giving the same turbine performance
enhancement. It is estimated that the capital cost of the hybrid (dry/wet) dephlegmator will be
only slightly more than that of a standard A-frame air-cooled dephlegmator. Furthermore,
the finned tubes of the unit remain dry, reducing the risk of corrosion and scaling while the
galvanized wetted plain tube surface will be rinsed with clean water on a regular basis to

minimize fouling.
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3 Performance analysis of hybrid (dry/wet) condenser

The thermo-flow performance characteristics of the different sections of the three street air-

cooled

condenser incorporating a hybrid (dry/wet) dephlegmator (See Figure 6.3) are

analyzed employing a one-dimensional approach. The different components are:

The A-frame finned tube air-cooled primary condensers

The first stage of the hybrid dephlegmator, which is an air-cooled reflux condenser
with inclined finned tubes

The second stage of the hybrid dephlegmator consists of a horizontal plain tube
bundle. The mode of operation varies according to the performance requirements and
the ambient conditions. The unit can either be operated dry as secondary air-cooled

condenser or it can be deluged with water and operated as an evaporative condenser.

A schematic flowchart of the steam flow through a street of the condenser array is shown in

Figure 3.1.
Steam from
turbine outlet Ejector for evacuation
of non-condensable
gases
—
r-———=>"=—"">">"—"—"=—"——+— — — — - 'i
| Dephlegmator
\J Y Y v Y . phice |
|
| st nd |
1% stage 2" stage
ACC ACC ACC ACC ACC : (ACC) . (ACCIEC) :
| |
| |
1

A

To condensate I::I

pump

Figure 3.1: Diagram of steam flow through condenser

In the analysis of the systems performance characteristics the following assumptions are

made:

e Saturated steam enters the air-cooled condenser units.

e All the steam is condensed and leaves the system as saturated water (condensate).
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e The pressure drop inside the steam header, the condenser tubes and the rest of the
cycle are neglected and the steam temperature is assumed to be constant throughout
the system. For high inlet steam temperatures this assumption is reasonably accurate.

e The performance of each of the A-frame air-cooled condenser units is assumed to be

identical.

3.1 A-frame finned tube air-cooled condenser

Kroger (2004) presents a one-dimensional numerical solution for the prediction of the
thermo-flow performance characteristics of an A-frame finned tube air-cooled condenser.
This model is used in the present analysis of the air-cooled condenser units and the inclined

finned tube bundles in the first stage of hybrid (dry/wet) dephlegmator.

3.2 Smooth galvanized steel tube bundle operated as an evaporative
condenser

When peak demand occurs during periods of high ambient temperatures the second stage of

the dephlegmator, consisting of a bundle of smooth galvanized steel tubes arranged

horizontally, is deluged with water and operated as an evaporative condenser.

3.2.1 Development of the analysis of evaporative coolers and condensers
In conventional evaporative condensers recirculated deluge water is sprayed over a horizontal

tube bundle, while air is drawn over the bundle and steam in the tubes is condensed.

Some of the early pioneers studying evaporative condensers include: Goodman (1938),
Thomsen (1946) and Gogolin and Mednikova (1948). Due to computational restrictions, they
were forced to simplify the equations governing the analysis of evaporative coolers and
condensers. Parker and Treybal (1961) later showed that in some cases these simplified
models deviated by as much as 30 percent from experimental results. Early models assumed

the deluge water temperature to be constant throughout the tube bundle.
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The first practical design procedure for the evaluation of counterflow evaporative coolers was
given by Parker and Treybal (1961). Their model makes use of the Lewis factor to find the
relationship between the heat and mass transfer coefficient at the air-water interface and
assumes that the Lewis factor is equal to unity. They further assumed that the amount of
water evaporated is negligibly small and that the air saturation enthalpy is a linear function of
the temperature. This makes it possible to integrate the differential equations simultaneously
over the height of the tube bundle. In their work, Parker and Treybal (1961) noted the
variation in the recirculating water temperature along the height of the bundle and its

influence on the analysis.

Mizushina et al. (1967) experimentally investigated the characteristics of evaporative coolers
and determined the applicable heat and mass transfer coefficients. A similar approach to that
of Parker and Treybal (1961) is followed, but the differential equations are integrated

numerically.

The performance enhancement of evaporative condensers using extended surfaces was
studied by Kreid et al. (1978) and Leidenforst and Korenic (1982). They showed that in
theory it is possible to obtain a substantial increase in the performance, but this is only
achieved for maintained wetting of the fins which proves to be difficult in practice.

Furthermore, finned tubes are subjected to more severe fouling and corrosion.

Bykov et al. (1984) investigated the influence of the regions above and below the tube bundle
on the heat and mass transfer, as well as the variation in the deluge water temperature. They
then classified the evaporative condenser into three sections: The spray zone (located
between the sprayers and tube bundle), the tube bundle and the run-off zone (located between
the tube bundle and the bottom sump). Bykov et al. (1984) concluded that there is only a
slight temperature change in the spray zone and it may be safely neglected. The run-off zone
does however have an effect on the heat rejection rate and cannot always be ignored. These

results are dependent on the geometric layout of the unit.

Webb (1984) developed a unified theoretical treatment of evaporative systems: Cooling
towers, evaporative coolers and evaporative condensers. His model considered the effect of
the variation in temperature of the deluge water in an evaporative cooler, but states that for an
evaporative condenser the film temperature remains essentially constant due to the fact that

the variation in the refrigerant temperature is negligibly small.
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Dreyer (1988) conducted an extensive study on evaporative coolers and condensers. He
considered a detailed one-dimensional analytical model, similar to the one suggested by
Poppe and Rogener (1984) that accurately describes the physics of the mass and heat transfer
processes, as well as a simplified model, utilizing the assumptions made in a Merkel type
analysis. Dreyer (1988) further investigated the heat and mass transfer correlations suggested
by various authors in the literature and compared them graphically. He stated that the models
of Parker and Treybal (1961) and Mizushina et al. (1967) are in good agreement if they use
their own respective heat and mass transfer coefficients when determining the performance of
an evaporative cooler or condenser, but recommends the use of the correlations of Mizushina

et al. (1967) as they cover a wider range of conditions.

Zalewski and Gryglaszeski (1997) developed a mathematical model similar to the one
described by Dreyer (1988), which is based on the analysis of Poppe and Rogener (1984).
They suggested the use of correlations of Tovaras et al. (1984) for calculating the heat
transfer coefficient between the tube and the deluge water and adapted data given by
Grimison (1937) for the heat transfer over dry tube banks to determine the convective heat
transfer coefficient from the deluge water to the moist air. They used the equation suggested
by Bosnjakovic and Blackshear (1965) to determine the Lewis factor and the relation
between the heat and mass transfer at the interface of the deluge water and the moist air. In
view of the difference between their theoretical prediction and their experimental results, they

modified the mass transfer coefficient correlation by introducing a correction function.

Ettouney et al. (2001) performed an analysis on evaporative condensers based on the water-
to-air mass flow rate ratio and the steam temperature. They compared the performance of an
evaporative condenser with the performance of the same system when it is operated dry and
showed that thermal performance of the evaporative condenser is up to 60% higher than an
air-cooled unit. It was found that the experimental work on the heat transfer coefficient was

consistent with previous work done and available data in the literature.

Hasan and Siren (2002) did a comparative study between plain and finned tube evaporative
coolers, where they showed an increase in the heat rejected by the finned tube bundle of
between 92 and 140 %. From the experimental results it was however found that the energy
index of the two heat exchangers is almost the same, where the energy index is defined as the
ratio of the volumetric thermal conductance over the air-side pressure drop per unit length. It

was furthermore found that the wet fins have a lower efficiency than the dry fins.
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Stabat and Marchio (2004) developed a model based on the effectiveness NTU-method for
evaluating the performance characteristics of an evaporative cooler. They assume the water
film temperature along the coil to be constant and that the rate at which the water film
evaporates is negligibly small. Furthermore, they evaluated the performance characteristics of
different evaporative cooler configurations and compared their results to the heat rejection
predicted by the manufacturer Baltimore Aircoil Company. They showed that there is a good
correlation (less than a 10 % error) between the heat rejected as predicted by their analysis

and the manufacture’s prediction.

Qureshi and Zubair (2005) developed a model to analyze and predict the impact of fouling on
the performance of evaporative coolers and condensers. The methodology followed in
analyzing the thermal performance of the evaporative condenser is similar to the one given by
Dreyer (1988), but introduces a fouling model based on the material balance equation
proposed by Kern and Seaton (1959). The model was compared to numerical examples given

by Dreyer (1988) and was within 2.2 percent of the predicted heat transfer.

Ren and Yang (2005) developed an analytical model based on the effectiveness NTU-method
to evaluate the performance characteristics of an evaporative cooler for different flow
configurations. They compared the analytical solution to the models which employ a Poppe
type analysis, which are solved numerically, and the simplified models, employing the
assumptions of Merkel. They state that the analytical model combines the simplicity of the
simplified models while maintaining the accuracy of the detailed models which require

numerical integration.

Qureshi and Zubair (2006) investigated the evaporation losses of evaporative coolers. They
suggest an empirical correlation for determining the evaporative water losses. In a
comparison with work of Dreyer (1998), Mizushina (1967) and Finlay and Harris (1984)
errors of less than 4% in the evaporative water losses were noted, which is better than the

approximations given by Baltimore Aircoil Company.

3.2.2 Analysis of the thermal performance characteristics of an evaporative
condenser
In an evaporative cooler as shown in Figure 3.2, water (process water) is cooled inside the

tubes, while deluge water is sprayed over a bundle of staggered horizontal plain tubes. In a
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process of non-adiabatic heat and mass transfer, the deluge water evaporates into the air

passing through the bundle.

In the present analysis of an evaporative condenser as shown in Figure 3.2, the following

initial assumptions are made:

e [tis a steady state process.

¢ Since the temperature differences are small, heat transfer by radiation is neglected.

e If the tube surfaces are uniformly wetted, the air flow and thermal states are
uniformly distributed at the inlet and uniformity is maintained throughout the
bundle, the problem can be analyzed in one dimension.

e If it is assumed that the re-circulating deluge water circuit is insulated from the
surroundings and that pump work can be neglected, the temperature of the deluge
water at the inlet and outlet of the tube bundle is the same.

e At the air-water interface surface, the air temperature approaches the temperature
of the deluge water and the humidity of the air at the interface corresponds to that

of a saturated air-vapor mixture.

By employing these assumptions and following an approach similar to Dreyer (1988), Poppe
and Rogener (1984) and Bourilott (1983), an analytical model of the evaporative condenser
can be derived from basic principles. Consider an elementary control volume about a tube as
shown in Figure 3.3. Evaporation of the downward flowing water occurs at the air-water
interface. Due to the one-dimensional characteristic of the unit, the properties of the air and

water at any horizontal cross-section are assumed to be constant.

The mass balance applicable to the control volume is

m,(1+w)+m, +m_=m, [1+(w+dw)]+(mw + dmw)+ms 3.1)
or
dm,, =-m,dw A3.2)

where m, is the mass flow rate of the dry air.
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Figure 3.2: Schematic representation of an evaporative condenser

Figure 3.3: Control volume for the evaporative condenser
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The energy balance over the control volume gives

mi +mc T +mi = (3.3)

a ma wopwow
(7—;‘/+d7-;‘/)+ma (i +dima)+ms(is +di.§)

ma

(mw + dmw ) pr

where the deluge water temperature T, is in °C.

Neglect the second order terms and simplify equation (3.3) to

1 . .
dT, = — (—madlma —cprwdmw - msdls)

w pw

34

where i, refers to the enthalpy of the air-vapor mixture per unit mass of dry air, which can

be expressed as

ima = CpaT;t +W(l +c T ) (3.5)

fewo pvia

The latent heat, i

fewo

is evaluated at 0°C and specific heats, ¢,, and c,, at T, /2° C.

If the moist air is un-saturated, the total enthalpy transfer at the air-water interface consists of
an enthalpy transfer due to the difference in vapor concentration and the difference in

temperature,
dQ =dQ, +dQ. (3.6)

where the subscripts m and ¢ refer to the enthalpies associated with the mass transfer and

convective heat transfer.
The mass flow rate of the deluge water evaporating into the air stream is expressed as

dm, =h, (w,, —w)dA 3.7

sw

where w_ is the saturated humidity ratio of the air evaluated at the bulk water film

temperature.

The corresponding enthalpy transfer at the air-water interface due to the difference in the

vapor concentration is then

de = ivdmw = ivhd (Wsw - W) dA (3.8)
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The enthalpy of the water vapor, i,, calculated at the local bulk water film temperature, is

given by

by =i, tepT, 3.9)
where T, is in °C and c,, is evaluated at T,,/2°C.

The convective transfer of sensible heat at the interface is given by

dQ, =h(T, -T,)dA (3.10)

Substituting equations (3.8) and (3.10) into equation (3.6), find the total enthalpy transfer at

the air-water interface i.e.

dQ=ivhd(w

sw

-w)dA+h(T,-T,)dA (3.11)

The enthalpy of the saturated air at the air-water interface evaluated at the local bulk water

film temperature is

imasw = Cpazww + Wsw (ifgwu + cvaw ) = Cpazww + Wswiv (3 12)
which may be written as
imasw = deTW’ + WiV + (WSH/' - W) iV (3.13)

Subtracting equation (3.5) from equation (3.13) and ignoring the small difference in the

specific heats, the equation can be simplified as follows:

b = Ea = (€ + W, ) (T, =T,) + (w,, —w)i, (3.14)
or
T, =T, =[ (i = i) = (W = W)i, ]/, (3.15)

where ¢, =c,, +wc,, .

Substitute equation (3.15) into equation (3.11) and find
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c

dQ = hd |:Lh (im(lSW - ima ) + (1 -

c pma”"d

Jl} (w,, = W)} dA (3.16)

pma’"d

Noting that the enthalpy transfer must be equal to the enthalpy change of the moist air stream

di, -0
m

a

:h_d{ h (imasw _ima)+(1_

m,|c,h,

a pma

3.17)
jiv (WS\/V - W)} dA

The heat transfer from the condensing steam to the deluge water is given by

¢ pma’"d

dQ=U (T, -T,)dA (3.18)

where U is the overall heat transfer coefficient between the steam inside the tubes and the

deluge water on the outside.

| d,In(d,/d) d
U = —+ 0 0 i + 0
h 2k dh, (3.19)

w t

The change in the enthalpy of the steam can now be written as

. dQ
di =——

s m, (3.20)
Substituting equation (3.18) into equation (3.20) yields

.U
di, =—(T,-T,)dA (3.21)

m

N

For the case where the moist air is not saturated, equations (3.2),(3.4),(3.7),(3.17) and (3.21)

describe the processes that take place in the control volume of the evaporative condenser.

The model can be simplified by making use of the assumptions of a Merkel-type analysis:
Firstly it is assumed that the amount of deluge water that evaporates is small compared to the
mass flow rate of the deluge water and secondly the Lewis factor, which gives the relation

between the heat and mass transfer, is equal to unity. The Lewis factor can be expressed as

Lef = h/(cpmahd).
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For the Merkel type analysis the governing equations (3.4),(3.17) and (3.21) become:

dY'w == (madima + msdis )/mwcpw (3.22)
di =l i Yaa
a m, masw ma (3'23)
U
di, = n (.-T,)dA (3.24)

If the evaporative condenser is evaluated using the iterative step-wise Merkel type analysis, it
is found that the three governing equations must describe four unknown parameters. The
Merkel type analysis is often used in evaluating the thermal performance characteristics of

fills or packs, in wet-cooling towers. In the analysis of wet-cooling towers, the Merkel
integral is numerically integrated over the deluge water temperature, 7, (using for example

the four-point Chebyshev integration technique) (Kloppers and Kroger 2005). If the inlet and
outlet deluge water temperature of evaporative heat exchanger is the same, then the solution

of the numerical integral is trivial.

Kroger (2004) suggests the use of the simplified Merkel type analysis, where a constant mean
deluge water temperature is assumed and only the inlet and outlet values of the fluid
parameters are evaluated. It is possible to solve the simplified Merkel type analysis

analytically if the assumption of Merkel is made that the outlet air is saturated.

The heat transfer rate of the evaporative condenser is given by the following equation:

sza (iao_iai):ms(xi_xo)lfg (3.25)

where x; and x, is respectively the steam quality at the inlet and the outlet and i;, is the

latent heat of evaporation of the steam.

In the case where saturated vapor enters the tube and is completely condensed to saturated

liquid, the heat transfer rate can be expressed as

Q=mi, (3.26)

The governing equations (3.23) and (3.24) for the simplified model are
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mdi, =h, (i, —i,.)dA (3.27)

masw ma

mdi,=U (T, ~T,)dA (3.28)

Assuming a constant mean deluge water temperature through the condenser, integrate

equation (3.28) between the inlet and outlet conditions and find

(iao _iai):U_A(T; _Twm)
m

a

3.29)

Similarly for equation (3.27)

ln imaswm — iai — h_d A (3.30)
] —i m, *

l"’ldSWWl ao a

where A, is the air-water interface area.

Equation (3.30) may then be expressed in terms of the outlet air enthalpy as

~NTU,

lau = lmaswm - (lmaswm - lai )e (3,31)

h
where NTU, =—%A,.
m

a

Rearranging equation (3.29), the mean temperature of the deluge water can be expressed as

T, =T —(m,JUA)(i, —i,) (3.32)

wm 1

For both the Poppe and the simplified Merkel analyses the water film heat transfer

coefficients, h, , and the air-water mass transfer coefficients, h, , are obtained

w

experimentally. To evaluate the heat and mass transfer coefficients, performance tests are
conducted on an evaporative cooler. In the following chapter the experimental results of the
water film heat transfer coefficient, air-water mass transfer coefficient and the air-side

pressure drop over the deluged tube bundle are presented and discussed.
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3.3 Plain tube bundle operated as an air-cooled condenser
During periods of lower ambient temperatures or lower demands the plain tube bundles of the

hybrid dephlegmator are operated as a dry air-cooled condenser.

The heat rejected by the air-cooled condenser is

Q=m,c, (T, -T,)=m(x —x,)i, (3.33)
The governing equation for the air-cooled condenser is

m,c,,dT, =U, (T, -T,)dA (3.34)

where U ,is the overall heat transfer coefficient between the steam inside the tubes and the air

on the outside

1 d In(d,/d) d
Yemly Tan (3-35)

a t

The heat transfer between the tube wall and the air flowing through the bundle, £, , is

discussed in Chapter 5.
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4 Experimental investigation of an evaporative heat exchanger

The analysis of evaporative condensers is presented in section 3.2. It is found that there are
measurable differences in the existing empirical correlations used for determining the film
heat transfer coefficient, /i, and the air-water mass transfer coefficient, 4, . Performance
tests are conducted on an evaporative cooler consisting of 15 tube rows with 38.1 mm outer
diameter galvanized steel tubes arranged in a 76.2 mm triangular pitch. From experimental
results, correlations for the water film heat transfer coefficient, air-water mass transfer

coefficient and the air-side pressure drop over the deluged tube bundle are developed.

For the simplified Merkel analysis the heat transfer coefficient at the tube-water interface,
h,,and air-water mass transfer coefficient, s, , are obtained experimentally under different
operating conditions employing the procedure given in section 4.2. Although the simplified
Merkel analysis does not predict the amount of water lost by evaporation as accurately as the
Poppe analysis, it will predict the heat rejection rate of an evaporative cooler correctly if the

abovementioned experimentally obtained transfer coefficients are used in the analysis.

4.1 Apparatus
A schematic layout of the apparatus and the placement of the measurement equipment is

shown in Figure 4.1.

The tube bundle consists of n, =15 rows of externally galvanized steel tubes. The tubes are
L=0.65m long and are arranged in a triangular pattern at a transversal pitch of
P =76.2 mm as shown in Figure 4.2. The outside diameter of the tubes is d, =38.1 mmand

the inside diameter is d, =34.9 mm. There are n, =8 tubes per tube row.

To ensure uniform flow of the air through the tube bundle, inactive halftubes are installed at
the sides of the tube bundle. In the spray frame a header distributes or divides the deluge
water into several conduits or lateral branches. Each lateral branch consists of a two
perforated stainless steel tubes, the one placed inside the other. With this configuration it is
possible to establish a uniform pressure distribution in the lateral branches (perforated tubes)

and achieve a uniform water distribution.
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The mass flow rate of the deluge water is measured using a thin-plate orifice. The deluge
water temperature is measured in the collecting basin and before it enters the spray frame.

The deluge water temperatures through tube bundle are measured with thermocouples placed

after each tube row; the mean deluge water temperature, 7

wm >

is taken as the average of these

thermocouple readings.

The inlet temperature of the warm process water, T, , is measured as it enters the top inlet

header. After flowing through the tubes the process water exits the bundle at the bottom

outlet header, where its temperature, Tpu, is measured. Process water mass flow rate, m,, 1S

obtained at the start of each set of tests by means of the displacement method. The process

water is heated ina 72 kW, 156 geyser.

The test section is connected to the inlet of an atmospheric open-loop induced draft
windtunnel, drawing air over the tube bundle. By measuring the pressure drop over an
elliptical flow nozzle located in the windtunnel the air mass flow rate can be determined. The
pressure drop over the tube bundle is measured with the aid of a differential pressure

transducer.

Drybulb and wetbulb temperatures of the ambient air, are measured at the inlet of the tube

bundle, while the atmospheric pressure is read from a mercury column barometer.

After steady-state conditions are reached the measured data is integrated over a period of two
minutes and logged. The water film heat transfer coefficient, air-water mass transfer
coefficient and the air-side pressure drop over the deluged tube bundle is evaluated for

different air mass flow rates, deluge water mass flow rates and deluge water temperatures.

4.2 Determining the heat and mass transfer coefficients
The governing equations for the simplified Merkel type analysis of an evaporative cooler can
be derived by following a procedure similar to the one given for the analysis of the

evaporative condenser in Section 3.2.

mc, dT, =U(T,-T,,)dA 4.1)
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By

di, = (laswm =i, )dAa (4.2)

a

The heat transfer rate of the evaporative cooler is given by the following equation:
Q = ma (iau _iai ) = mpcpp (Tpi _Tpu ) (4'3)

Assuming a constant mean deluge water temperature, 7. , through the cooler, integrate

wm

equation (4.1) between the inlet and outlet conditions and find

— ~UAfm,c,,
Tpo - Twm + (Tpi - Twm )e (4'4)
where

d,In(d,/d,
L_[ 1 dn(d/d) 1

= 45
UA | hA 2kA, hA @.5)

All the values in equation (4.4) and equation (4.5) are measured or known and A, A can be

w o

determined. The average water film heat transfer coefficient, &

w?

is based on the mean deluge

water temperature, 71 .

Integrate equation (4.2) to and find

_ . ) -NTU,
mai

(4.6)

l)na() = laVV)n - (laVV)n
where NTU, =h,A, [m,

The outlet air enthalpy is determined from equation (4.3). All the values in equation (4.6) are

measured or known and £, can be determined. Due to droplet and strand formation it is not
possible to accurately determine the air-water interface area, A,, and the tube outer area, A,
is then used as reference area. The effective average air-water mass transfer coefficient, £, ,

based on the mean deluge water temperature, 7T,

wm ?

and the tube outer area, A, .
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4.3 Results and observations

To ensure a good deluge water distribution Niitsu et al. (1969) recommends a water loading
that should not be less than T, /d =0.8kg/m’s or G, =1.6kg/m’ . From the present
experimental study it is found that a deluge water mass velocity of G, =1.7 kg/m’s is

required to ensure uniform wetting of all the tubes in the bundle.

At air mass velocities higher than G, =3.5kg/m’s the deluge water is partially held up on the

tubes. This water breaks away from the tube surface and flows sideways in the form of
strands that straddle the tubes. There are no visible traces of entrained droplets downstream

of the drift eliminator at this air mass velocity.

In Figure 4.3 an example of the change in the deluge water temperature through the tube
bundle is shown. For almost all of the tests the deluge water temperature deviated by less

than 3°C from the mean deluge water temperature.

G, =2.3 kg/m?s,
= XK="G,, = 3.4 kg/m?s

Inlet

G, = 1.2 kg/m?s,
G, = 1.9 kg/m?s

Mean deluge water
temperaure, T,

Out let

T,=18°C,T,, = 15°C
p, = 101 000 N/m?

25 30 35 40 45 50

Deluge water temperature, T,, , °C

Figure 4.3: Variation in the deluge water temperature

The experimental tests investigated the influences of the air mass flow rate, deluge water
flow rate and the deluge water temperature on the film heat transfer coefficient, the air-water

mass transfer as well as the air-side pressure drop over the deluged tube bundle.
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Mizushina et al. (1967), Niitsu et al. (1969) and Leidenforst and Korenic (1982) express the
film heat transfer coefficient as function of only the deluge water mass flow rate. Parker and
Treybal (1961) extended their correlation to include the effect of the deluge water

temperature. The present experimental results show that the deluge water mass flow rate has
the greatest influence on the film heat transfer coefficient, 4, but this coefficient is also a
function of the air mass flow rate and the deluge water temperature as given by equation

(4.7). Parker and Treybal (1961) state that h  increases linearly with the deluge water

temperature. This is well approximated by Tw(,)‘z’, as given in equation (4.7), over the range

tested. The experimental results of the film heat transfer coefficient as a function of the air
mass velocity, deluge water mass velocity and deluge water temperature is shown in Figure

4.4, Figure 4.5 and Figure 4.6.

hw — 470 G;)AIGWOA357~M())A3 (4'7)

for 0.7<G, <3.6kg/m’s, 1.8<G, <4.7 kg/m’s and 35<T, <53 °C.

wm
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T,=16-22°C,T,,=14-18°C
—~ 600 §- p,=100000 - 101 400 N/m?
=B it e — —
G B X K
2 R B 5 S s R B
2400 =
(e}
g
= 300
e —— Equation (4.7)
o 200 —
™ *  Experimental data
= 100 —]
---+10%
0 |
0 1 2 3 4

Air mass velocity, G, , kg/sm?

Figure 4.4: Heat transfer coefficient as a function of the air flow rate

33



1000 . .
T,=16-22°C,T,, =14 - 18 °C
p, = 100 000 - 101 400 N/m? -

900

800

700
600 e ¥GE
500 el

400

—— Equation (4.7)

300

h, /G, T, 03 = 470 G, 033

200 * Experimental data —]

100 - +10%
| |

0 1 2 3 4 5

Deluge water mass velocity, G,, , kg/sm?

Figure 4.5: Heat transfer coefficient as a function of the deluge water flow rate

2000 - .
| T,=16-22°C, T, =14-18°C
p, = 100 000 - 101 400 N/m?
| —_———— - T
1600 =T~ - S
1400

1800

— — =

-—

-—— —

— ——

-
-——

— —

1200

1000

800
—— Equation (4.7)

600

400 *  Experimental data —

h,,/ Gao.l GW0.35 =470 T, 03

200 - £10% 7
0 ! |
30 35 40 45 50 55
oC

Deluge water temperature, T, ,

Figure 4.6: Heat transfer coefficient as a function of the deluge water temperature
In Figure 4.7, Equation (4.7) is compared to the correlation given by Mizushina et al. (1967).
The correlation compares well at an air mass velocity of G, =3.2kg/m’s (as stated earlier

the correlation given by Mizushina et al. (1967) is not dependent on the air mass velocity).
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Figure 4.7: Film heat transfer coefficient

The correlations recommended by Parker and Treybal (1961) and Niitsu et al. (1969) for the
air-water mass transfer coefficient, are only a function of the air mass velocity. The flow of
the deluge water over the staggered tubes is similar to the flow of cooling water through fills
and packs used in wet cooling towers. The mass transfer coefficient for fills or packs is
typically given in terms of the air and the water flow rate. Mizushina et al. (1967) gives the
mass transfer coefficient in terms of an air and deluge water Reynolds numbers. From the
present experimental results it follows that the air-water mass transfer coefficient is a
function of the air mass velocity and the deluge water mass velocity as given by equation
(4.8). The experimental results of the air-mass transfer coefficient as a function of the air

mass velocity, deluge water mass velocity and deluge water temperature are shown in Figure

4.8, Figure 4.9 and Figure 4.10

h, =0.038 G*"G "

for 0.7<G, <3.6kg/m’s and 1.8< G, <4.7 kg/m’s..
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Figure 4.8: Mass transfer coefficient as a function of the air mass velocity
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Figure 4.9: Mass transfer coefficient as a function of the deluge water mass velocity
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Figure 4.10: Mass transfer coefficient as a function of the deluge water temperature

In Figure 4.11, equation (4.8) is compared to the correlation of Mizushina et al. (1967).
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Figure 4.11: Air-water interface mass transfer coefficient
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Relatively little published information is available for the predicting the pressure drop across
deluged tube bundles. The correlation of Niitsu et al. (1969) for the air-side pressure drop
over a deluged tube bundle with 16 mm diameter tubes is given in terms of the air flow rate
as well as the deluge water flow rate. From the present experimental results it follows that the
air-side pressure drop over the tube bundle is a function of the air mass velocity and the
deluge water mass velocity as given by equation (4.9). The experimental results of the
pressure drop over the tube bundle as a function of the air mass velocity, deluge water mass
velocity and deluge water temperature are shown in Figure 4.12, Figure 4.13, and Figure

4.14.

Ap=10.2 thl‘gGwo‘22 4.9)

for 0.7 <G, <3.6kg/m’s and 1.8 <G, <4.7 kg/m’s..
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Figure 4.12: Air-side pressure drop as a function of the air mass velocity
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Figure 4.13: Air-side pressure drop as a function of the deluge water mass velocity

20 1 1

s | T,=16-22°C,T,,=14-18°C
p, = 100 000 - 101 400 N/m?

16

14

12

___________ T — =T ——-
X

______ = X - o

6 —— Equation (4.9)

Ap/ G,'8 G,022=10.2
1
K
|

4 * Experimental data  —]

2 - +10% ]
0 ! !
30 35 40 45 50 55

Deluge water temperature, T,, , °C

Figure 4.14: Air-side pressure drop as a function of the deluge water temperature

Equation (4.9) is plotted in Figure 4.15.
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Figure 4.15: Air-side pressure drop

The correlations developed for the film heat transfer coefficient, air-water mass transfer
coefficient and the air-side pressure drop are only valid for a bundle consisting of 15 tube

rows with 38.1 mm diameter tubes.

For the simplified Merkel type analysis the assumption is made that the outlet air is saturated.
The drybulb temperature is measured upstream of the elliptical nozzles in the windtunnel.
Although there is some uncertainty in the measurements, it is found that the measured outlet
air temperature for most tests is approximately 2°C higher than the predicted saturation

temperature. The outlet air is thus unsaturated and the humidity ratio lower than predicted.

The amount of water evaporated can be approximated by m =m,(w,—w,).

w(evap)

4.4 Conclusion

Performance tests were conducted on an evaporative cooler consisting of 15 tubes rows with
38.1 mm outer diameter galvanized steel tubes arranged in a 76.2 mm triangular pattern.
Correlations for the water film heat transfer coefficient, the air-water mass transfer
coefficient and the air-side pressure drop are developed from experimental results. The
present experimental results show that the film heat transfer coefficient (Equation (4.7)) is a

function of the air mass velocity, deluge water velocity as well as the deluge water
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temperature, while the air-water mass transfer coefficient (Equation (4.8)) and the air-side
pressure drop (Equation (4.9)) is a function of the air mass velocity and the deluge water
mass velocity. The correlations for the water film heat transfer coefficient and the air-water
mass transfer coefficient compare well with the correlations recommended by Mizushina et

al. (1967).
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5 Experimental investigation of the plain tube bundle operated dry
The thermo-flow characteristics of air-cooled tubes (horizontally arranged) in cross-flow are

experimentally evaluated.

Grimison (1937) and Zukauskas and Ulinskas (1988) independently studied the air-side heat
transfer of air-cooled tube bundles in cross-flow. Their correlations are compared to the
present experimental results shown in Figure 5.1. The experimental results compare well with
the correlations recommended by Grimson (1937) and Zukauskas and Ulinskas (1988). It is
recommended that the correlation of Zukauskas and Ulinskas (1988) be used to determine the
air-side heat transfer coefficient of the galvanized steel tube bundle of the hybrid (dry/wet)

dephlegmator when operated as a dry air-cooled condenser.

v 100 | | |
o™ — 0 Cd
E o I T,=15-18°C .
§ p, =100 000 - 101 400 N/m? -
. 80 >

=
£ 70
2
Q
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8
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“g: 40 2
£ 20 Zukauskas (1988)
§ ------- Grimson (1937)

20 .
7"'2) X Experimental results
£ 10 - .
ko 10 %
< | |

0 1 2 3 4 5 6

Air mass velocity, G, , kg/sm?

Figure 5.1: Air-side heat transfer coefficient for dry tubes in cross-flow

Jakob (1938) and Gaddis and Gnielinski (1985) studied the air-side pressure drop of air-
cooled tube bundles in cross-flow. Their correlations for the air-side pressure drop over the
tube bundle are compared to the present experimental results in Figure 5.2. Both correlations
compares well with the present experimental results. It is recommended that the correlation of
Gaddis and Gnielinski (1985) be used to calculate the pressure loss over the galvanized steel
tubes of the second stage of the hybrid (dry/wet) dephlegmator when operated as a secondary

air-cooled condenser
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Figure 5.2: Air-side pressure drop of a dry tube bundle in cross-flow
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6 Performance characteristics of a steam turbine incorporating an

air-cooled condenser with a hybrid (dry/wet) dephlegmator
Consider a power plant in which the turbine exhaust steam is fed to three air-cooled

condenser streets as shown in Figure 2.2. The turbo-generator power output can be expressed

in terms of the steam temperature, 7, , i.e.
P, =225.83-0.0043T, + 0.013327% —0.000163T>, MW

while the corresponding heat to be rejected by the condenser is

0 =336.4+0.18223T —0.016017° +0.000187°, MW

where T, is in °C . These curves are shown in Figure 6.1.
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Figure 6.1: Performance characteristics of turbo-generator-condenser system

The turbo-generator power output for the steam turbine with three streets of A-frame air-

cooled condensers is shown in Figure 6.2.

Based a study done by Boulay et al. (2005) on the oversizing of the air-cooled condensers, it
was decided to investigate the performance characteristics of the steam turbine incorporating

A-frame air-cooled condensers consisting of 4 and 5 condenser streets or rows. In Figure 6.2
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the power output for these A-frame air-cooled condensers are shown as a function of the

ambient temperature.
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Figure 6.2: Sizing air-cooled condensers

At higher ambient temperatures, the turbo-generator power output with three streets can be
improved with the addition of a further street. At an ambient temperature of 40°C, the
increase in the power output for the particular turbine with this extra street is
approximately 5 %. The further increase in power output is only 1.7 % if the number of
condenser streets is increased to five. Boulay et al. (2005) stated that the increase in the initial

capital cost of the air-cooled condenser is directly proportional to the condenser size.

In Section 2.3 the enhancement of an air-cooled condenser through the adiabatic cooling of
the inlet air was discussed. The performance characteristics of the steam turbine
incorporating three streets of A-frame air-cooled condensers with adiabatic cooling (spray
cooling) of the inlet air is evaluated; the turbo-generator power output is shown in Figure 6.4.
For the adiabatic cooling of the inlet air (50 % relative humidity), it is assumed that a 100%
wetbulb depression is achieved i.e. the drybulb temperature of the inlet air is lowered to the

wetbulb temperature.
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Consider the steam turbine incorporating three streets of A-frame air-cooled condensers with
hybrid (dry/wet) dephlegmators (HDWC) as shown in Figure 6.3. The turbo-generator power
output for the air-cooled condenser incorporating a hybrid (dry/wet) dephlegmator (operated

in wet mode) is shown in Figure 6.4.

Steam

Figure 6.3: Multi-row or multi-street (3streets) array of A-frame air-cooled condensers
incorporating hybrid (dry/wet) dephlegmators

The power output for three streets of air-cooled condensers incorporating a hybrid (dry/wet)
dephlegmator operating in wet mode is almost the same as that for the dry air-cooled
condenser with four streets. It is expected that the initial capital cost of the air-cooled
condenser incorporating a hybrid (dry/wet) dephlegmator will however be considerably less

than the cost of an additional street.

It is found that the power output is approximately the same for the air-cooled condenser with
adiabatic cooling of the inlet air to that of the air-cooled condenser incorporating a hybrid

(dry/wet) dephlegmator. In his studies Maulbetsch (2003) stated that wetbulb depression
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varied between 60% and 100%. The heat rejected by the air-cooled condenser shown in
Figure 6.4, where the inlet air is adiabatically cooled, will be lower when the wetbulb

depression is not 100%.
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Figure 6.4: Power output for different air-cooled condenser configurations

The water consumption of the air-cooled condenser incorporating a hybrid (dry/wet)
dephlegmator and the air-cooled condenser with adiabatic cooling of the inlet air is shown in
Figure 6.5. For ideal adiabatic cooling of the inlet air, it is assumed that all the water is
evaporated. At high ambient temperatures where these systems would be considered, the
water consumption of the air-cooled condenser with adiabatic cooling of the inlet air is more
than 20 % higher than that of the air-cooled condenser incorporating the hybrid
dephlegmator. Maulbetsch (2003) states that in reality only between 60 to 70 % of the water
evaporates and the rest is lost in the form of entrained droplets in the air flow, increasing the
effective water consumption rate of the air-cooled condenser with adiabatic cooling of the

inlet air.
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Figure 6.5: Water consumption of the hybrid dry/wet condenser and adiabatic cooling of
the inlet air of the A-frame air-cooled condenser having 3 condenser streets

To reduce the water consumption, the second stage of the hybrid (dry/wet) dephlegmator
need only be deluged with water during periods of high ambient temperatures or peak
demand periods. Figure 6.6 shows the turbo-generator power output when the air-cooled
condenser incorporating a hybrid (dry/wet) dephlegmator is operated as an all dry system and
when the second stage is deluged with water. Although, the power output when the hybrid
(dry/wet) dephlegmator is operated dry at higher ambient temperatures is slightly less than

that of the conventional A-frame arrangement, there is no noticeable difference at the design

temperature of 7, =15.6°C.

The turbine backpressure for the A-frame air-cooled condenser with three streets and the A-
frame air-cooled condenser incorporating a hybrid (dry/wet) dephlegmator (3 streets) is given

in Figure 6.7 as a function of the ambient temperature.
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The power output of the turbo-generator with an air-cooled condenser incorporating a hybrid
(dry/wet) dephlegmator for ambient air with a 0%, 50 % and 100% relative humidity is
shown in Figure 6.8. At higher relative humidity of the inlet air, the decrease in the power

output is relatively small for the hybrid (dry/wet) condenser.
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Figure 6.8: Power output for moist inlet air (3 condenser streets)

The turbo-generator power output for different air mass flow rates are shown in Figure 6.9.
At an ambient temperature of 40°C, a 20 % change in the air mass velocity through the
hybrid dephlegmator results in approximately a 0.5 % change in the power output of the

turbo-generator.
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In Figure 6.10 the turbo-generator power output for different deluge water mass flow rates is

shown.
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In the current condenser unit arrangement, there are five air-cooled condensers and one
dephlegmator in each condenser street. The power output of the turbo-generator for an
arrangement where every street has four air-cooled condensers and two hybrid (dry/wet)
dephlegmators is shown in Figure 6.11. For this arrangement the power output at an ambient

temperature of 40°C is only 2% more than the reference case.

240
P, = 84600 N/m?
238 v,=2.7m/s
236 T
£ 234 \‘\
= Ny
A 232
5“ 230 +— —®—HDWC (3x5 A-frame condensers \\
=] and 3x1 hybrid dephlegmators) \
© R
o 228 41—
o \
% 226 I— --&--HDWC (3x4 A-frame condensers \
A and 3x2 hybrid dephlegmators) \\
224 — x
= % = A-frame air-cooled condenser (3 \\
222 1— streets) *
220 ! ! ; - .
0 5 10 15 20 25 30 35 40 45

Ambient temperature, °C

ai »

Figure 6.11: Power for different condenser unit arrangements

6.1 Conclusion

During periods of high ambient temperatures, a direct air-cooled condenser incorporating a
hybrid (dry/wet) dephlegmator can provide the same increased turbo-generator performance
as over-sized air-cooled condenser or an air-cooled condenser with adiabatic cooling of the
inlet air. It is expected that the increase in the capital cost of the air-cooled condenser
incorporating a hybrid (dry/wet) dephlegmator will be considerably less than the cost of
oversizing the air-cooled condenser. For similar turbo-generator power outputs the water
consumed by an air-cooled condenser incorporating a hybrid (dry/wet) dephlegmator is at

least 20 % less than an air-cooled condenser with adiabatic cooling of the inlet air.
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7 Conclusions

The performance characteristics of a steam turbine incorporating an A-frame air-cooled

condenser with a hybrid (dry/wet) dephlegmator are evaluated.

Through the introduction of the hybrid (dry/wet) dephlegmator the cooling performance of
the air-cooled condenser can be measurably enhanced. The hybrid (dry/wet) dephlegmator
consists of two stages: The first an air-cooled condenser with finned tubes and the second a
bundle of galvanized steel tubes arranged horizontally. The second stage can either be
operated as a dry air-cooled condenser or the tubes can be deluged with water and operated as

an evaporative condenser.

To evaluate the thermal-flow performance characteristics of the second stage of the hybrid
(dry/wet) dephlegmator when operated in wet mode (deluged with water), an experimental
study of an evaporative cooler is conducted. From the experimental results, correlations for
the water film heat transfer coefficient and the air-water mass transfer coefficient are
developed. These correlations compare well with the correlations given by Mizushina et al.
(1967). From the experimental results, a correlation for the air-side pressure drop over the

deluged tube bundle is also developed.

In evaluating a particular turbo-generator power output for different condenser
configurations; it is found that the air-cooled condenser incorporating a hybrid (dry/wet)
dephlegmator can provide the same turbo-generator performance increase as an over-sized
air-cooled condenser (33% increase in the air-cooled condenser size) or an air-cooled
condenser with adiabatic or spray cooling of the inlet air (100% wetbulb depression of the
inlet air with a 50% relative humidity). For the same turbo-generator power output increase,
the rate of water consumption of the air-cooled condenser with adiabatic cooling of the inlet
air is at least 20 % higher than the air-cooled condenser incorporating a hybrid (dry/wet)
dephlegmator. It is expected that the capital cost of the air-cooled condenser incorporating a
hybrid (dry/wet) dephlegmator will only be slightly higher than the conventional air-cooled

condenser with the same footprint.

Incorporating a hybrid (dry/wet) dephlegmator in an air-cooled condenser can increase the
cooling performance measurably during periods of higher ambient temperatures and can
provide a cost effective alternative in locations which are subjected to high water prices or

where the available water resources are limited.
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Appendix A: Properties of fluids

The thermophysical properties summarized here is presented in Kroger (2004).

A.1. The thermophysical properties of dry air from 220K to 380K at standard atmospheric
pressure (101325 N/m?)

Density:
p.=p,/(287.08T), kg/m’ (A1)
Specific heat:

¢,, =1.045356x10° —=3.161783x10™ T +7.083814x107 T
+8.15038%107"° 7*, W/mK (A.1.2)

Dynamic viscosity:

i, =2.287973x107° +6.259793x107°T —3.131956x107"' T”*
+8.15038%x107°T?, kg/sm (A.1.3)

Thermal conductivity:

k, =-4.937787x10™ +1.018087 x107* T —4.627937x10°°T*

+1.250603x107"'T*, W/mK (A.1.4)

A.2. The thermophysical properties of saturated water vapor from 273.15K to 380K.
Vapor pressure:

p, =107, N/m’

2=10.79586(1-273.16/T ) +5.02808log,, (273.16/T)
+1.50474x10™* [1 T e ”“}} (A2.1)

+4.2873x10™ [104‘76955“‘”3"6/” - 1] +2.786118312

Al



Specific heat:

¢,, =1.3605x10° +2.31334T —2.46784x107°T° (A2.2)
+5.91332x107°T°, J/kgK

Dynamic viscosity:

i, =2.562435x107° +1.816683%x107°T +2.579066 x10™"' T (A.2.3)
-1.067299x107“T°, kg/ms

Thermal conductivity:

k, =1.3046x107 —3.756191x107° T +2.217964 107 T* (A2.4)
~1.111562x107°T?, W/mK

Vapor density:

p, =—4.062329056 +0.10277044T —9.76300388x 107 T* +4.475240795x10°T* (A 2.5)
—1.004596894x107°T* +8.9154895%107"*T°, kg/m’

Temperature:

T =164.630366 +1.832295x107 p, +4.27215x107° p* +3.738954x10° p;’ (A.2.6)
-7.01204x10° p.;* +16.1614881n p, —1.437169%x10~* p, In p,, K

A.3. The thermophysical properties of mixtures of air and water vapor,

Density:

p., =(1+w)[1-w/(w+0.62198)] p, /(287.08T'), kg air-vapor/m’ (A3.1)
Specific heat:

Com =(C,0 +we,, )/(1 +w), J/K kg air-vapor (A3.2)
or the specific heat of the air-vapor mixture per unit mass of dry air

Coma = (c[m +we, ), J/K kg dry air (A.3.3)

A2



Dynamic viscosity:

to =(X M7+ X M) /(XM +X M), ke/ms (A3.4)

Where M, =2897kg/mole , M, =18016kg/mole , X, =1/(1+1.608w) and

X, =w/(w+0.622)
Thermal conductivity:

oy = (X e, M+ X e MYF) (X MOS + X, M), WimK (A3.5)

Humidity ratio:

3 2501.6-2.3263(7,, —273.15) || 0.62509p,,,
B 2501.6+1.8577T,—4.184T,, || p,—1.005p,,

(A.3.6)
100416(7:11 _T;vb) .
- kg/kg dry air
2501.6+1.8577(T, —273.15)—4.184(T,, —273.15)

Enthalpy:

iy =] ¢, (T=273.15)+wiy,, +c,, (T =273.15)} |/ (14+w) Jikg air-vapor (4.3.7)
or the enthalpy of the air-vapor mixture per unit mass of dry air

i, =, (T=273.15)+w[iy,, +c,, (T —273.15) ] J/kg dry air (A3.8)

where the specific heats are evaluated at (7 +273.15)/2 and the latent heat i is evaluated

fowo ?

at 273.15 K according to Equation (A.4.5.)i.e. i, =2.5016x10° J/kg

fegwo

A.4. The thermophysical properties of saturated water liquid from 273.15 Kto 380K,

Density:

A3



p, =(1.49343x107 —3.7164x10°T +7.09782x10°T*)
~1.90321x107°T*, kg/m’

Specific heat:

¢,, =8.15599x10° —2.80627x10T +5.11283x107°T"
—-2.17582x107°T*, J/kgK

Dynamic viscosity:
i, =2.414x107° x10*7710) ko/mg

Thermal conductivity:

k, =-6.14255x10" +6.9962x107°T —1.01075x107T"

w

+4.74737x107°T*, W/mK

Latent heat of vaporization:

i, =3.4831814x10° —5.8627703x10°T +12.1395687T"
—1.40290431x107°T°, J/kg

Critical pressure:

Pue =22.09%10°, N/m*

A4

(A4.1)

(A4.2)

(A4.3)

(A4.4)

(A4.5)

(A4.6)



Appendix B: Empirical correlations

B.1. Correlations for the condensation heat transfer coefficient in a horizontal tube

For relative low inlet vapor velocities, Re, <35000, Chato (1962) recommends the following

correlation for calculating the condensation heat transfer coefficient

' 0.25
9.8 -p ki,
=055 250 (L P kel (B.L1)
lllc (Tv - Twal[ ) di
with
i, =i, +0.68¢c,(T.-T,,) (B.1.2)

The vapor Reynolds number at the tube bundle inlet can be expressed as
Rev = mxdi/(nbnhrntrAmﬂvs )
where n,, is the number of tube rows the inlet header feeds.

For higher vapor flow rates Shah (1979) recommends the following equation to determine the

condensation heat transfer coefficient

hd,
Nu, == = 0,023 Rel Pr* [0.55+2.09( o] P, )O'ﬂ (B.13)
where
Rec — msdi . Pr :CPL'#C

? 4
nb nhr ntr As lu c kc

B.2. Correlations for the heat transfer coefficient in horizontal tubes

Gnielinski (1975) recommends the following correlation for the heat transfer coefficient of

turbulent flow in a horizontal tube

B.1



— (fD/S)(Re_IOOO)Pr[1+(d/L)0A67:|

Nu =
! 1+12.7(f,/8)" (P -1) (B.2.1)

where equation (B.2.1) is valid for, 2300 < Re <10°, 0.5<Pr<10* and 0<d/L<I1.

B.3. Correlations for the air-side heat transfer coefficient for an air-cooled tube bundle

in cross-flow

Zukauskas and Ulinskas (1988) recommend the following equation for a tube bundle in

cross-flow
P 0.25 P 0.2
. I ram
Nu, =0.35Re)’ Pr’* (?] (E] (B.3.1)

with i, = Nu,k,/d, .
Grimson (1937) recommends the following equation for a tube bundle in cross-flow

Nu, =0.467 Re}>* (B.3.2)

where

Re — vmax d()p
y7i

B.4. Correlations for the air-side pressure drop over dry tube bundles

Jakob (1938) gives the following equation to calculate the pressure drop over tube bundle in

cross-flow

Ap=Kn, (pv2../2) (B.4.1)

where n, is the number of restrictions and K = (l+ 0.47/ (P/d,-1)" ) / (Re"*).

Gaddis and Gnielinski (1985) recommend the following procedure for calculating the loss

coefficient, K, for a bundle with triangular arranged tubes in cross-flow

Re+200
K=K f +Kf |l1-exp| ————
1S f{ eXp( 1000 ﬂ

B.2



fa,l,v

K, =

Re

2807r[(b°'5 ~0.6) + 0.75]
fa,l,v = (4ab—7l') o6

fa,t,v
Kf ReO.ZS

3 3
Fomose— 12 Loalloi) —o0i[ 4
at,v 1.08
(a—0.85) a b

where a=P/d,, b=F/d, and c=PF,/d, .
The Reynolds number is defined as

Re — vmax d()p
Y7

The laminar and turbulent viscosity correction factors are respectively correlated as follows

0.25

0.57/[((4ab/m)-1)Re]**

fz,l_ &

y7;

lu 0.14
T

Y7,

B.5. Correlations for the film heat transfer coefficient of evaporative coolers and

condensers

Parker and Treybal (1961) recommend the following correlation for tubes with an outside

diameter of 19 mm and an equilateral pitch

B.3



h, =704(1.3936+0.02214T,, )(T, /d,)"*", W/m>K (B.5.1)

wm

where T, is in °C. The correlation is valid for, 15<7, <70°C and 1.4<T, /d <3kg/m’s

and the maximum air Reynolds number (m,,,d,/A um,,,) of 5000.

Mizushina et al (1967)

)0,333

h,=2102.9(T,/d,) ", Wm’K (B.5.2)

and is valid for 2< (T, /d,) <5.5kg/m’s and an air-side Reynolds number of between 1500
and 8000. The tubes used for the tests varied between 12.7 mm and 40 mm in diameter and

were arranged in a 2Xd, equilateral pitch.

Niitsu et al. (1969), staggered banks of plain tubes, 16 mm outer diameter

)0.46

h,=990(T,/d,)", W/m°K (B.5.3)

4000
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3500 4T.=15.6°C, T, =10°C —_
p.= 101000 N/m? —
3000 {d, =19 mm =i

2500 r

/ -
2000 yaiar

, W/m2K

1500 47 =
' — — Mizushina (1967)

1000 — 1
O e . Parker and Treybal (1961)

=+ = Nitsu (1969)

500

Film heat transfer coefficient, h,,
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Deluge water mass velocity, G, , kg/m?s

Figure B. 1: Film heat transfer coefficient

Dreyer (1988) gives a more extensive list of film heat transfer coefficients.

B.6. Correlations for the air-water mass transfer coefficient of evaporative coolers and

condensers

B.4



Parker and Treybal (1961) recommend the following correlation for tubes with an outside

diameter of 19 mm and an equilateral pitch

h, =0.04935[(1+w)(m,/A.)]"" , keg/sm? (B.6.1)
where A, is the minimum cross-sectional air flow area between the tubes. The air-vapor mass

velocity was in the range of 0.68 <(m, /A )<5kg/sm”.

Mizushina et al. (1967) tested tube bundles with 12 —40 mm outer diameter arranged in 2d,

triangular pitch.

avm wm

h, =5.5439x10"°Re?’ Re’”d ' kg/sm’ (B.6.2)

The equation is valid for 1.2x10°<Re,, =m,,d,/(Au,,)<14x10" and

50<Re,, =m,,d,/(A.u,,)<?240.
Niitsu et al. (1969) gives the following correlation for a tube bundle with plain tubes

h, =0.076(m,, /A,)" , kg/sm® (B.6.3)

for 1.5<(m,,, /A )<5

0.6 T T
=— — Mizushina (1967)
= 05 4+ -=---- Parker and Treybal (1961)
o - = Nitsu (1969) -7
k3 2
2 04 . Pid
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b5 & L7 4
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2 01 -
< L= p,= 101000 N/m?
= _ - d, =19 mm

0 ' !
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Air mass velocity, G, , kg/m?s

Figure B. 2: Air-water mass transfer coefficient

Dreyer (1988) gives a more extensive list of air-water mass transfer coefficients.
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B.7. Correlations for the air-side pressure drop over evaporative coolers and condensers

Nitsu et al. (1969) recommend the following correlation for the air-side pressure drop over a

wetted plain tube bundle.

Ap=4.9n,P,(m,,/A)" (T,/d,)™ N/m’ (B.7.1)

where, 2<(m,,, /A )<6 and 1.3<T, /d, <3.5 kg/m’s

B.6



Appendix C: Adiabatic cooling

As the water is introduced into the inlet air stream of an air-cooled condenser as a very fine
spray or mist, the evaporation of the water into the air stream (latent heat transfer) lowers the
dry bulb temperature. If the temperature of spray water is the same as the wet bulb
temperature of the air, the air is cooled down following essentially the line of constant wet
bulb temperature. Figure C.1 shows the adiabatic cooling from the original state at 1 to the

final state at 2, with T}, = Tyyp1-

Saturation line

o

=

S~
on

-

z

wa =

2 8
W» I

e

g

T

1
Wi

T, T,

Drybulb temperature, T, ,°C

Figure C.1: Adiabatic cooling on phsychromatic chart

The wetbulb depression can be expressed as

T

a)

Ta(2)
T

wh(1)

Wetbulb depression =

a(l)

The amount of water evaporated can be approximated by

mw(evap) = ma (Wa(2) - Wa(l))

C.1



Appendix D: Hybrid (dry/wet) condenser performance analysis

A numerical example is presented to illustrate the mathematical methodology followed in
evaluating the performance characteristics of an arbitrary air-cooled steam condenser

incorporating a hybrid (dry/wet) dephlegmator, shown schematically in Figure 6.3.

A schematic flowchart of the steam flowing through one of the three streets or rows in the
array is shown in Figure 3.1. Each row consists of five A-frame air-cooled condenser units
(ACC) and a hybrid (dry/wet) dephlegmator. The hybrid (dry/wet) dephlegmator consists of
two stages; the first is an air-cooled condenser with somewhat shortened finned-tubes and the

second is a bundle of galvanized steel tubes arranged horizontally.

In the analysis of the systems performance characteristics the following assumptions are

made:

e Saturated steam enters the air-cooled condenser units.

e All the steam is condensed and leaves the system as saturated water.

e The pressure losses inside the steam header, the condenser tubes and the rest of the
cycle are neglected and the steam temperature remains constant throughout the
system. For high inlet steam temperatures this assumption is reasonably accurate.

e The performance of each of the five air-cooled condensers units is taken to be
identical.

The operating conditions

Ambient conditions:

Atmospheric pressure Pa1 = 84600 N/m
Air temperature at ground level T,1 = 15.6°C
Wetbulb temperature Twp = 10°C

(Ambient conditions correspond to 50% relative humidity and from equation (A.3.5) the

humidity ratio is calculated to be w =0.0069 kg/kg dry air )

Steam conditions:
Saturated steam supply temperature T, = 60°C

Steam quality at the main condenser inlet x=1
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The following performance analyses are essentially as presented in Kroger (2004).

1. A-frame air-cooled condenser

The geometric parameters of the A-frame air-cooled condenser unit shown in Figure 2.1 are:

Steam inlet:
Diameter of the steam header ds =1.25m
Total mean steam ducting loss coefficient based on the steam velocity

at the inlet to the first tube row Kgq = 2.5

Finned tube bundle specifications:
The condenser consists of two rows of staggered plate finned flattened tubes, each row
having different performance characteristics such that approximately the same amount of

steam condenses in each row.

Hydraulic diameter of the tube d, = 0.02975 m
Inside area of the tube per unit length At = 021341 m
Inside cross-sectional tube flow area A = 0.00159 m?
Length of finned tube L; =95m
Inside height of the tube H; = 0.097 m
Inside width of the tube W, =0.017m
Number of tube rows n.=2

Number of tubes per bundle (first row) Nyp(ry = 57
Number of tubes per bundle (second row) Nepz) = 58
Number of steam passes Nyp =1

Number of bundles n, =8

Effective frontal area of one bundle (second row) Apr = 27.55 m?
Apex angle of the A-frame 20 = 60°

Ratio of minimum to free stream flow area through finned tube bundle ¢ = 0.48
Ratio of minimum to free stream flow area at the inlet to the finned ¢,; = 0.875

tube bundle
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Steam-side tube inlet loss coefficient K. =0.6

The experimentally determined characteristic air-side heat transfer parameter for normal flow

through the first row of tubes is given by the following empirical relation.

Ny, = 366'007945Ry(1)0'433256

For the second row,

Ny(z) = 360.588007Ry(2)0-470373

The heat transfer coefficient for inclined plate finned tubes may actually be slightly higher
than under conditions of normal flow during testing. The more conservative normal flow
correlations will however be retained for this example to make provision for distortions in the
entering flow pattern. Any potential small enhancement in the heat transfer due to the
turbulence in the wake of the fan may be assumed to be cancelled by some maldistribution of

the air flow through the heat exchanger.

The air-side loss coefficient across the entire bundle under normal isothermal flow conditions
is given as

K

he

= 4177.0848 1Ry 432656

Fan installation specifications:

An 8-bladed, 9.145 m diameter axial fan with a blade angle of 16° is employed in this system

Fan diameter dr =9.145m
Fan casing diameter d, =9.170 m
Fan hub diameter dp =14m
Rotational speed N =125 rpm
Efficiency of the fan drive system Npqg = 0.9
Inlet screen distance from the fan blade (upstream) Xs; = 1.3 m
Support beam distance from the fan blade (upstream) Xpi = 1.34m
Support beam distance from the fan blade (downstream) Xpo = 0.53 m
Walkway distance from the fan blade (downstream) Xso = 1.0 m
Ratio of the inlet screen to the fan casing area o5 = 0.125
Ratio of the support beam to the fan casing area (upstream) op; = 0.15
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Ratio of the support beam to the fan casing area (downstream) 0po = 0.05

Ratio of the walkway area to the fan casing area 050 = 0.1
Height of the fan above the ground level H; =25m
Height of the windwalls H, =827m

Width of the walkway between the heat exchanger bundle and the L, =0.2m
windwall
Heat exchanger inlet support loss coefficient (based on the frontal area

of the heat exchanger) K:;s =15

The fan performance characteristics at a reference density of 1.2 kg/m’ can be approximated

by the following correlations

Fan static pressure:

Ap,, =320.0451719—-0.2975215484V +6.351486x107*V?* —8.14x107'V>, N/m’

Fan power:

P, =186645.2333—-59.413863388V +0.476168398V* —5.08308%x10*V>, W

The effects of flow separation at the inlet to the fan platform and the recirculation of hot

plume air can be neglected

The thermal-flow performance characteristics of an A-frame air-cooled condenser unit:

In the present thermal-flow performance analysis of the air-cooled condenser unit, it is

assumed that the air is essentially dry, w=0.0 kg vapor/kg dry air. Kroger (2004) showed

that for an air-cooled condenser the error introduced by this assumption is negligibly small.

The relevant energy and draft equations are satisfied for the following values:

Air mass flow rate m, = 604.326 kg/s
The inlet air temperature to the first tube row Tgi1) = 15.614°C
The mean outlet air temperature after the first tube row Tao1y = 33.6313°C
The mean outlet air temperature after the second tube row Tao2) = 48.371°C
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According to the perfect gas law, the density of the air immediately upstream of the heat

exchanger bundles is

Dus = pal/(RTm.(l)) =(84600)/(287.08x (15.614 +273.15)) =1.020526711 kg/m’

Neglecting pressure changes through the heat exchanger, the air density after the bundles is

similarly found to be

Poe = Do /(RTM) =(84600)/(287.08x (48.371+273.15)) = 0.916554051 kg/m*
The mean air temperature through the first row of the finned tubes is

T,y =T, +T,00) /2= (15.614+33.6313)/2 = 24.623 °C (297.773 K)

The corresponding properties of dry air may be determined according to the equations given

in appendix A.1

Density P, =0.989651094 kg/m’
Specific heat Cpaqry = 1006.875332 J/kgK
Dynamic viscosity M, =1.836608x107 kg/ms
Thermal conductivity k.., =0.02604876774 W/mk
Prandtl number Pr,,, =0.709912791

The mean air temperature through the second row of tubes is

T, = Ty + Typr) )/ 2 = (33.6313+ 48.371)/2 = 41.00115 °C (314.15115 K)

The corresponding properties of dry air may be determined according to the equations given

in appendix A.1

Density Py =0.93805601293 kg/m’
Specific heat C a2y =1007.5518574 J/kgK

Dynamic viscosity M, =1.911492x107 kg/ms
Thermal conductivity C a2y =1007.5518574 J/kgK

Prandtl number Pr,,, =0.705229678

a(l)
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The rate of heat transfer to the air flowing through the first tube row is given by

Q. = M€ (L) = Ty ) = 604.326x1006.875332x(33.6313 - 15.614)
=10963183.67 W

Similarly, through the second tube row

Q.2 = M,C i (Tooiz — Tty ) = 604.326x1007.527568 % (48.371 - 33.6313)

a~ pa(2) a

=8974636.3836 W

The total heat transfer rate is then

0, =0, +Q,, =10963183.67 +8974636.386 = 19937820.06 W

The air-side characteristic flow parameter for the first tube row, Ry, , taking into

consideration the reduced effective frontal area due to the smaller number of tubes (bundle

side walls are assumed to be shaped to avoid any by-pass of air), is

Ry, =, || oAy Moy | = 604.326/[ 1.836608x107° x27.55x8%57/58 |

=151913.495 m™

According to the given specifications, the heat transfer parameter is

Ny, =366.007945Ry,, "**** =366.007945(151913.495 =64335.13599 m"

)OA433256

and the effective heat transfer coefficient is

_ 0.333
hae(l)Aa(l) = ku(l) Pra(l) ”bAerY(l)”m(l)/”m(z)

=0.02604876774x0.709912791"** x8x 27.55x 64335.136x57 / 58
=323850.9029 W/K

As it is assumed that the pressure losses in the steam header and ducts are negligible small,
the temperature of the steam in the system remains constant. According to Appendix A.4, the

corresponding thermophysical properties of the condensate in the first tube row are then

Density P, =983.21684632 kg/m’
Specific heat Cpeqy =4184.093614 J/KgK
Dynamic viscosity H.q, =4.6310x10™" kg/ms
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Thermal conductivity k., =0.65318917 W/mk

c(1)

Latent heat of vaporation =2.35861972x10° J/kg

Loy

The mass flow rate of the steam condensed in the first tube row is
m.,, = Qa(l)/ifg(l) =10963183.67/2.35861972x10° = 4.64813534 kg/s

Due to the relatively high steam velocity at the inlet of the tube, the shear stresses acting on
the condensate film will have a strong influence on its development. However gravity control
becomes more important further from the inlet and over the greater part of the tube the
approximate condensation heat transfer coefficient is given by

0.333

LkPin8 005(900 _e)ifg(l)

h.=0.9245
He iy (15 paty (Tvm -1, ) [1 - exp{_Uc(l)HrLt/(mat(l)cpa(l) )H

In the first tube row the inside tube area exposed to the condensing steam is

L.

Ay = My AL, = 57x8%0.21341x9.5 =924.49212 m”

By neglecting the thermal resistance of the condensate film, the approximate overall heat

transfer coefficient based on the condensing surface area can be expressed as

U, H L = by Ay, (20,01, ) = 323850.9029/(2x57x 8) = 355.0996742 W/K

c(l) ae(1)* “a(l)
The corresponding air mass flow rate flowing over one side of a finned tube is

Moy = m, [(2n,0,m, ) = 604.326/(2x57x8) = 0.662638 kg/s

The mean condensation heat transfer coefficient is then

P 0.9245 9.5><0.653189173><983.2168462><9.81><cos(90°—30°)x2_3586197x106 0333
.y = 0. 4.6310x107* x 0.662638x1006.875332 x (60 —15.614)

x| 1-exp{~355.0996742/ (0.662638><1006.875332)}]’°'”3
=15887.7 W/m’K

The overall heat transfer coefficient for the first tube row is given by
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-1
S N S _[ 1 .\ 1 T
Ul (hA)y (hoAg) 323850.9029  15887.7x924.4921

ae” “a c()*Te(l)

= 316864.4869W/K

It is noted that the thermal resistance of the condensate film is small compared to the overall

resistance..

The effectiveness for the first row of the condenser tubes may be expressed as

ey, =1-exp| ~UA, /(m,c,,q,) | = 1-exp[ ~316864.4869/(604.326x1006.875332) ]
=0.405923258

and the heat transfer rate for row one is then

Qs =M€ uty (Tony = Tuia ) €0, = 604.326X1006.875332 (60 —15.614)x 0.405923258
=10963189.6 W

This is compares well with the value previously calculated for Q, , .

A similar procedure is followed to determine conditions in the second tube row. As the steam
pressure is the same in the two tube rows, the steam temperature and corresponding

thermophysical properties are the same in the second tube row as in the first tube row.

The air-side characteristic flow parameter for the second tube row is

Ry, =m, [(#,,A;n,) = 604.326/(1.911492x107° x27.55%8) =143445.5911 m"

The corresponding heat transfer parameter is according to the given specifications
Ny, = 360.588007Ry(2>°‘470373 =360.588007 (143445.5911) *" =96064.34779 m™
and the corresponding effective heat transfer coefficient is

Ry Auiy = Koo PR 1, A, Ny, =0.027309922%0.70522968" x 8% 27.55%96064.3478
= 514740.5375 W/K

It should be noted that the steam pressure drop in the different tube rows is usually not

identical; with the result that backflow of steam may occur. A dephlegmator is installed after
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the main condenser units to increase the net steam flow rate the through the units to overcome

the problem of the accumulation of noncondensables gases in the tubes.

T, =T =60°C

vm

The thermophysical properties of the condensate are evaluated at 7,

Density P2y =983.21684632 kg/m’
Specific heat C ey =4184.093614 J/KgK
Dynamic viscosity U, =4.6310x107" kg/ms
Thermal conductivity k. =0.65318917 W/mk

Latent heat of evaporation =2.35861972x10° J/kg

le2)
The mass flow rate of the steam condensed in the second tube row is
m,,, = Qam/ifg(z) = 8974636.386/2.35861972><106 =3.80503745 kg/s
The effective condensation heat transfer area on the inside of the tubes is

Ay = Ay Moy [y, = 924.49212x58/57 = 940.71128 m?

e2) = e

and the approximate overall heat transfer coefficient based on this area is
U, H L =hy A / (21,51, ) = 514740.5375/(2x 58 8) = 554.67730 W/K
The corresponding air mass flow rate flowing on the one side of a finned tube is

My = ma/(2n,h(2)nh) = 604.326/(2x58x8) = 0.651213362 kg/s

The condensation heat transfer coefficient is
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r 0.333

Lk, Pl 8 005(900 B e)ifgm
_ll'lC(Z)mat(Z)Cpa(Z) (Tvm - Tao(l) )[1 - exp{_Uc(Z)H[L[/(mat(Z)Cpa(Z) )}J

r 0.333
9.5x0.653189° x983.216846” x9.81x cos (90° —30° ) x 2.3586197x10°
4.6310x10™* x0.651213362x1007.5518574 x (60 —33.6313)

h

c(2)

=0.9245

=0.9245

x[1-exp{-554.67730/(0.651213362x1007.5518574)} |

2.960984205x10'
8.0122244822

=17064.18327 W/m*K

-0.333

3 70.333
= 0.9245{ } (0.57060393)

The actual overall heat transfer coefficient for the second tube row is

-1
A - Lo, 1 _[ 1 s 1 T
@ -
(hA) o (hwAc) 514740.5375  17064.18327x940.71128
= 498747.6324 W/K

The effectiveness for the second row of the condenser tubes may be expressed as

ey =1=exp| —UAy, [(m,c,,)) | =1-exp[ ~498747.6324/(604.326x1007.5518574) |
=0.55917613

and the heat transfer rate is given by

Qi = M,Cpu (T = Tootty ) €2y = 604.326X1007.5518574% (60 —33.6313)x0.55917613
=8977926.186 W

This value of Q,, compares well to the value previously calculated for the heat transfer rate

of the second tube row.

Evaluation of the draft equation:

To evaluate the draft equation, the fan operating point has to be determined. The approximate

air temperature at the fan suction side is

T, =T, —0.00975H, =15.6—0.00975x25 =15.35625 °C
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and the corresponding air density is

Py =P /RT,; = 84600/(287.08><(15.35625 + 273.15)) =1.02143844 kg/m’

The specific heat of the air is ¢, =1006.474 J/kgK and the volume flow rate through the fan
is

V=m,/p, =604326/1.021438844 =591.6421134 m’ /s

This volume flow rate is more than the 573.148 m’/s at the point of maximum fan efficiency

and the fan will thus operate effectively.

According to the empirical third order correlation specified for the fan static pressure in terms

of the volume flow rate at the reference air density of 1.2 kg/m’, find

AP po s =320.0451719 -0.2975215484V +6.351486X107V? —8.14x107V?
=320.0451719-0.2975215484(591.6421134)

+6.351486x107 (591.6421134)° —8.14x107 (591.6421134)’
=197.7682684 N/m’

The static pressure across this fan operating at a density of 1.0214 kg/m’ is
App, = A0 (pa3 ! Preriin ) =197.7682684 % (1.02143844/1.2) =168.3400929 N/m*
The corresponding fan coefficient is

K, =2Ap,.p., (A Im,) = 2><168.3400929><1.02143844><[7z><9.172/(4><604.326)]2
=4.107185354

The required fan shaft power at an air density of p,,=1.0214 kg/m’, follows from the

density corrected specified fan power curve

P, =(p,s/ P, )(186645.2333-59.413863388V +0.476168398V > —5.08308x107*V ")
= (1.02143844/1.2)[ 186645.2333—59.413863388(591.6421134)
+0.476168398(591.6421134)" —5.08308x10™ (591.6421 134)3}
=181221.708 W



The mean height of the heat exchanger inlet is
H;=H,+0.5L cos@=25+0.5%9.5xcos30=29.11362067 m
Find the approximate temperature of the air before it enters the heat exchanger.

T,s=T,q =T, +P/(mc,)—0.00975H,
=15.6+181221.708/(604.326x1006.474) — 0.00975x 25
=15.65419519 °C

The electrical power input to the fan is determined as follows:
P = PF/ﬂFd = 181221.708/0.9 =201357.4533 W

The loss coefficient due to the fan safety screen, the support beams at both the fan suction
and discharge sides and the walkway above the fan are determined by employing the bulk
method, which relates the pressure loss coefficient to the total resistance area exposed to the

flow, and to the distance between the fan rotor and the resistance.

By employing the area ratios and dimensionless distances the loss coefficients can be directly

obtained from the curves given in Kroger (2004).

For the fan safety screen, x,;/d =0.142 and A,/A =0,=0.125, K, =0.1317 and for the

fan safety screen support beams, x,,/d, =0.146and A,,/A =0, =0.15,K,, =0.16523.

Thus the total loss coefficient due to the flow obstacles at the fan suction or upstream side is

K, =0.1317+0.16523 = 0.29693

Similarly, the loss coefficients due to the flow obstacles at the fan discharge or downstream

side is found to be

K, =K, +K, =0.2324+0.1584=0.3908

The sum of the upstream and downstream losses is

K, +K, =0.29693+0.3908 = 0.68773

The heat exchanger air-side loss coefficient under normal isothermal flow conditions is
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K

he

= 4177.0848 1Ry 2%

The characteristic flow number, Ry, is evaluated by using the mean dynamic viscosity f .
At the mean air temperature through the heat exchanger,

T =0.5(T,, +T,

wich) ao(z))=3l.9925 °C , find the dynamic viscosity of the air stream,

s =1.870461x10 kg/ms . The corresponding characteristic flow number, based on the

minimum frontal area is

Ry =m, [(n, A, tysm0/ 1yr) ) = 604.326/ (8% 27.55x1.870461x107° x57/58)
=149164.0511 m"

Thus

K,, =4177.08481(149164.0511 = 2229693031 m"

)—0.4392686

The contraction coefficient is

0., =0.6144517 +0.045664930,, —0.33665 107, +0.408274303,
+2.67204107, —5.96316907, +3.5589440°,

= 0.6144517 +0.04566493(0.875)—0.336651(0.875)" +0.4082743(0.875)’

+2.672041(0.875)" =5.963169(0.875)° +3.558944(0.875)’
=0.77515

The entrance contraction loss coefficient is

2 2
k= Lq]| = L[ ! —1) =0.1099
o, o, 0.875\0.77515

The effective mean inlet flow angle is

6, =0.00196 +0.91336 -3.1558 = 0.0019(30)2 +0.9133(30) —3.1558 = 25.95315°

The downstream loss coefficient, K, consists of the turning and the jetting losses as well as

the kinetic energy loss to the atmosphere, find the jetting loss
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2 0.4
K, =|{-2. 89188 +2 03291| Lo | U L || L (ﬁJ
' L, L)L \e6

05 2
{exp 2 36987 +5.8601x10726 3. 3797X10_392)[Zj} (%ﬂ

2
2 89188 )+2.93291(%) }x{sin30°—1.25/(2><9.5)+0.2/9.5}_1

x[l 0.5x1.25/{9.5(sin30+0.2/9. 5)}] x(28/30)"
+{exp(2.36987+5.8601x10” x30-3.3797x10" x30°)

x(1-0.5x1.25/(9.5(sin30+0.2/9.5 ))}0‘5 x{1+0.2/(9.5xsin 30)}“}2
=1.955121

and the outlet loss coefficient is

2 3
K, =|4-2.89188| == [+2.93291| == L,
LI Lf l'b

d LY
+1.9874—-3.02783 - 1+2.0187 : —

H 289188(8§J+2 93291(82}} [1—0.5><1.25/{9.5(sin30+2/9.5)}]3

+1.9874-3.02783{0.5x1.25/9.5(sin 3o+0.2/9.5)}1

x{sin30-1.25/(2x9.5)+2x9.5}
=7.70772

Thus

K, =1.955121+7.70772 =9.662841

Substituting these values into the following equation and find total loss coefficient of the A-

frame array
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K, =K, + % Pty = Pao2) N 2P0 ( ' 1 _q{( ' 1 —1J+2K255}
Onmin \ Paity T Paoc2) (pai(l) + puo(z)) sin6), sin6,

+(de + Ko)zpai(l) /(pui(l) + puo(Z))
2 (1.020526711—0.916554051}
(0.48)° \1.020526711+0.916554051

2x0.916554051 1 » 1 114 2%0.1099°
(1.02052671+0.91655405) | sin (25.95315° ) sin (25.95315°)
+(9.662841)x 2x1.020526711/(1.020526711+0.916554051)

=22.29693031+ 0.465928147 +2.368861508 +10.18149324
=35.31321321

The harmonic mean density through the bundle is

=22.29693031 +

P, = 2/ (V Py + 1 Puniay ) = 2/(1/1.020526711+1/0.916554051) = 0.965750018 kg/m’

Furthermore

A =7d’ [4=1x9.17*[4=66.04326762 m’

and

A =x(d}—d})[4=7(9.17" ~1.4*) [4 = 64.50388722 m’

The value of the left hand side of the draft equation is

P [{1 —0.00975(H, - H,)/T,,}"* ~{1-0.00975(H, — H,)/T,, }”J
- 84600[{1 ~0.00975(0.5x cos 30° x9.5) /(48317 +273.15)}

~{1-0.00975(0.5 cos 30° x9.5) /(15.6 + 273.15)}3‘5}

=84600[0.999563391—0.999513929]
=4.184460751 N/m’

and the corresponding value of the right hand side of the draft equation is
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K, (m,/4) [(20,)+K,, (m,/A) [(20,5)+ K, (m,/A,) [(2p,)
Ky (m, /A ) [(20,,)+ K, (m, /A, ) [(20,,)

~ 1.5 604.326 2+ 0.68773 ( 604.326 jz
(2x1.02057619)| (8x27.55) |  (2x1.02143844)\ 64.50388722

4107185354 ( 604.326 jz 3531321321 604326 )
( ( )

(2%1.02143844)\ 66.04326762 2%0.965750018) | (8x27.55
=5.525037241+ 29.54925663 —168.3405175 +137.455428
=4.18920434

The agreement between the two sides of the draft equation is good and the draft equation is

therefore satisfied.

As it is assumed that the performance characteristics of all the condenser units is the same,

the combined heat transfer rate of the condenser units is then

0, =nn,0, =3x5x19937820 = 299067300 W =300 MW

where n_is the number of condenser units per street or row and n, is the number of streets.

The corresponding total mass flow rate of the steam that is condensed in the condenser units
is

m, e, =nn, (M, +m,, ) =3x5%(4.64813+3.80513) =126.7989 ks

s c(1)

2. Hybrid (dry/wet) dephlegmator

The hybrid (dry/wet) dephlegmator consists of two stages: First, an air-cooled condenser with
somewhat shortened finned tubes, similar to those used in the A-frame configuration, and a
second stage with galvanized steel tubes arranged horizontally. The hybrid dephlegmator is
show schematically in Figure 2.8. The second stage can be operated dry as an dry air-cooled
condenser or the air-side surface of the tube bundle can be deluged with water and operated

as an evaporatively cooled condenser.

The following assumptions are made in the analysis of the hybrid dephlegmator
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® As afirst approximation it is assumed that the mass velocity of the air passing through
the finned tube bundles and the plain tube bundles of the first and second stage of the
hybrid dephlegmator respectively is the same as the air mass velocity through the
finned tube bundles A-frame air-cooled condenser. In Section 3 it is shown that the
air-side flow resistance of the first and second stage of the hybrid (dry/wet)
dephlegmator is approximately the same.

e The effect of the fan work and inlet height of the heat exchanger on the air inlet
temperature is neglected and it is assumed that the temperature of the air entering the
bundles is the same as the ambient ground temperature.

2.a. First stage of hybrid (dry/wet) dephlegmator

The geometric parameters of the finned tube first stage of the hybrid dephlegmator are:

Finned tube bundle specifications:
The first stage of the dephlegmator consists of two rows of staggered plate finned tubes; each
row having performance characteristics such that the amount of steam condensed in each is

approximately the same (similar to condenser).

Hydraulic diameter of the tube
Inside area of the tube per unit length

Inside cross-sectional tube flow area

d, = 0.02975 m
A, =021341m
Ags = 0.00159 m?

Length of finned tube Ly =45m
Inside height of the tube H; = 0.097 m
Inside width of the tube W; =0.017 m
Number of tube rows n.=2

Number of tubes per bundle (first row) Nyp(ry = 57
Number of tubes per bundle (second row) Nep2) = 58
Number of steam passes Ny, =1
Number of bundles n, =8
Effective frontal area of one bundle (second row) Afr = 13.05 m?
Apex angle of the A-frame 260 = 60°



The experimentally determined characteristic air-side heat transfer parameter for normal flow

through the first row of tubes is given by the following empirical relation.

Nyg, = 366.007945Ry(1)0433256

For the second row,

Ny, = 360.588007 Ry, """

The heat transfer coefficient for inclined plate finned tubes may be slightly higher than under
conditions of normal flow during testing. The more conservative normal flow correlations are
however retained to make provision for distortions in the entering flow pattern. Any potential
small enhancement in the heat transfer due to the turbulence in the wake of the fan may be

assumed to be cancelled by some maldistribution of the air flow through the heat exchanger.

Analysis of the first stage of the hybrid dephlegmator

In the following section the analysis of the thermal performance characteristics of the first
stage of the hybrid dephlegmator is presented. The geometric parameters are similar to those
of the A-frame array air-cooled condenser units, but the length of the finned tubes is reduced

to accommodate the horizontal tube bundle.

As stated earlier, it is assumed that the mass velocity of the air passing through the first and
second stage of the hybrid dephlegmator is the same as the air mass velocity through the
finned tube bundles A-frame air-cooled condenser. The air mass velocity through the finned

tube bundles of the A-frame air-cooled condenser is

G - M. _ 604.326

“ mA, 8x27.55

=2.741951kg/sm”

The corresponding air mass flow rate through the finned tube bundle of the first stage of the

hybrid dephlegmator is

My =G, A, =2.741951x8x13.05 = 286.26 kg/s

a”"p(1)

As discussed previously, the ambient air is assumed to be essentially dry. Furthermore, the

effect of the fan work and the height of the heat exchanger above the ground on the inlet



temperature of the air are neglected and it is assumed that the temperature of the air entering

the heat exchanger is the same as the ambient ground temperature, 7, =15.6 °C.

The relevant energy equations are satisfied for the following values

The mean outlet air temperature after the first tube row Tao1y = 33.623°C
The mean outlet air temperature after the second tube row Tao(2) = 48.367 °C

The mean air temperature through the first row of the finned tubes is

T, =1,

vy F o) /2 = (15.6+33.623) /2 = 24.611 °C (297.761K)

The corresponding properties for dry air may be determined from the equations given in

appendix A.1

Density Lo, =0.9896898 kg/m’
Specific heat €y =1006.875 J/kgK
Dynamic viscosity M, =1.836554x107 kg/ms
Thermal conductivity k., =0.02604786 W/mk
Prandtl number Pr,, =0.7099162

The mean air temperature through the second row of tubes is
T,y =T +T,00))12=(33.623+48.367)/2=40.995 °C (314.145 K)

The corresponding properties for dry air may be determined from the equations given in

appendix A.1

Density Py =0.9380747 kg/m®
Specific heat Cpa(zy =1007.552 J/kgK
Dynamic viscosity M, =1.911463%1 0~ kg/ms
Thermal conductivity k.., =0.02730944 W/mk
Prandtl number Pr,,, =0.7052132

The rate of heat transfer to the air flowing through the first tube row is given by
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Qo = M,C i (L) = Ty ) = 286.26x1006.875% (33.623—15.6) = 5194638.647 W

Similarly, for the second tube row

Oy = M€ oy (T = Tooity ) = 286.26X1007.552 (48.367 —33.623) = 4252597.272 W

The total heat transfer rate is

Q, = 0,1, + 0, ) = 5194638647 +4252587.272 = 9447237.628 W

The air-side characteristic flow parameter for the first tube row, Ry, , taking into

consideration the reduced effective frontal area due to the smaller number of tubes (bundle

side walls are assumed to be shaped to avoid any by-pass of air), is

Ry, =m, [[ oy Ayt M) | = 286.23/[1.836554x107 x13.05x 8% 57/58 |
=151917.908 m'!

According to the given specifications, the corresponding heat transfer parameter is

Ny, = 366.007945Ry,, " =366.007945(151917.908)" " = 64115.946 m"
and the corresponding effective heat transfer coefficient is
hae(l)Aa(l) = ka(l) Pr;)g;s nbAery(l)ntb(l)/ntb(Z)

=0.02604786%0.7099162°** x8x13.05x 64115.946x 57 /58

=153399.916 W/K

As it is assumed that the pressure losses in the steam header and ducts are negligibly small,
the temperature of the steam in the system remains constant and 7, =7, =60°C. According

to Appendix A.4, the corresponding thermophysical properties of the condensate in the first

tube row are then

Density P.qy =983.2168 kg/m’
Specific heat Cpeqy =4184.094 J/KgK
Dynamic viscosity Uy = 4.631034x10* kg/ms
Thermal conductivity k., =0.6531892 W/mk
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Latent heat of evaporation =2.358620x10° J/kg

Lo
The mass flow rate of the steam condensed in the first tube row is

., =0, [ia, = 5194638.647/2.358620x10° = 2.2024 kg/s

Due to the relatively high steam velocity at the inlet of the tube, the shear stresses acting on
the condensate film will have a strong influence on its development. However gravity control
becomes more important further from the inlet and over the greater part of the tube the

approximate condensation heat transfer coefficient is given by

0.333

Lky,P00 8 cos(90° _e)ifg(l)

He iy hC paqy (Tvm - Tai ) |:1 - exp{_Uc(l)HtLt/(mut(l)cpu(l) )}}

h, =0.9245

In the first tube row the inside tube area exposed to the condensing steam is

Ay = Ny, AL =57%x8x%0.21341x4.5=437.9173 m?

c

By neglecting the thermal resistance of the condensate film, the approximate overall heat

transfer coefficient based on the condensing surface area can be expressed as
U, HL =h,, A, / (21,1, ) =153399.916/(2x 57x8) =168.2017 W/K
The corresponding air mass flow rate flowing over one side of a finned tube is
My = m, [(2n,0,n,) = 286.23/(2x 57x8) = 0.3138811 kg/s

The mean condensation heat transfer coefficient is then

h 0.9245 4.5x0.65318920° x983.2168° ><9.8><COS(90° - 30°)>< 2.358620%10° 0.333
ey = V- 4.631034x10™ %0.3138811x1006.875% (60 —15.6)

x[1-exp{~168.2017/(0.3138811x1006.875)}|
=15886.072 W/m°K

The overall heat transfer coefficient for the first tube row is given by
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-1
UA, - Lo, 1 _[ L, 1 T
Vol (A (o A) 153399.916  15886.072 x437.9173

ae” a c(1)* “e(l)

=150090.364 W/K

It is noted that the thermal resistance of the condensate film is small compared to the overall

resistance.

The effectiveness for the first row of the condenser tubes may be expressed as

ey, =1-exp| ~UA,, /(m,¢,,q, ) | = 1-exp[ ~150090.364/(286.23x1006.875) |
=0.4059166

and the heat transfer rate for row one is

Oty =M,y Tty = Tty ) €0y = 286.23x1006.875% (60 — 15.6) x 0.4059166
=5194638.64 W

This compares well with the value previously calculated for Q,, .

A similar procedure as above is followed to determine performance of the second tube row.
As the steam temperature in the first and second tube rows are the same, the thermophysical

properties are the same as for the first tube row.

The air-side characteristic flow parameter for the second tube row is

Ry, =m, [(t,0,A,n,) =286.23/(1.911463x107° x13.05%8) = 143447.647 m"
According to the given specifications the corresponding heat transfer parameter is
Ny, = 360.588007Ry(2)°‘470373 =360.588007 (143447.647) *" =96068.417 m"'
and the effective heat transfer coefficient is

By Auiay = Kooy PESE 1, A, Ny, = 0.02730944 % 0.7052132™% X 8x13.05 X 96068.417

ae(2)* "a(2) a(2) a(2) b fr

= 243828.641 W/K

The mass flow rate of the steam condensed in the second tube row is

M) = Oy i) = 4252597.272/2.358620x10° =1.803003 ks
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The effective condensation heat transfer area on the inside of the tubes is
A = A nzb(Z)/nzb(l) =437.91732x58/57 = 445.6 m*

and the approximate overall heat transfer coefficient based on this area is

U, HL =h,, A / (21,31, ) = 243828.641/(2x 58 x8) = 262.7464 W/K
The air mass flow rate flowing on the one side of a finned tube is

My = m, [(2n,0,m, ) = 286.23/(2x 58 x 8) = 0.3084694 kg/s

and the condensation heat transfer coefficient is

0.333

Lk o) Pl 8 003(900 B H)ifga)
_:uc(z)ma[(z)cpa(z) (Tvm =T )|:1 —exp {_Uc(z)Hz L /(mal(Z)Cpa(Z) )}]

r 0.333
4.5%0.6531892° x983.2168” x 9.8 x cos (90° —30° ) x 2.358620><106]

h.s, = 0.9245

=0.9245

4.631034 %107 x0.3084694 x1007.552 % (60 —33.623)

x[1 - exp{~262.7464/(0.3084694x1007.552)} |
=17056.434 W/m°K

The actual overall heat transfer coefficient for the second tube row is

-1
UA = Lo, 1 _[ L, 1 T
Y (heA)y (hA) 243828.641  17056.43x445.6
=236120.7 W/K

The effectiveness for the first row of the condenser tubes may be expressed as

e =1=exp| —UA, [(m ¢, ) | = 1-exp[ -236120.7/(286.32x1007.552)
= 0.5589804

and the heat transfer rate is given by

Quiy = 1M,C oy (Tonias = Tooity ) €02y = 286.32x1007.552% (60 — 33.623) X 0.5589804
= 4252597.272 W
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This value of Q,, compares well to the previous value calculated for the heat transfer rate of

the second tube row.

The total rate of heat rejected by the first stage of the three dephlegmators in the array is

0y =1, (Qu) + Qury ) = 3%(5194638.64 + 4252597.272)

=28341707.736 W = 28.34 MW

The total amount of steam condensed in the first stage of the three hybrid dephlegmators in

the array is

mc(acc hybrid ) =

n, (m,, +m,, ) =3x(2.2024 +1.803003) = 12.0162 kg/s

2.b. Second stage of the hybrid (dry/wet) dephlegmator, when operated as an

evaporative condenser

The geometric parameters of the second stage of the hybrid dephlegmator as shown

schematically in Figure 2.8 are:

Tube length

Tube outer diameter

Tube inner diameter

Transversal tube pitch

Longitudinal tube pitch

Number of tube bundles

Number of tube rows

Number of tubes per row

Number of tube rows at the inlet header
Number of tube rows in the second pass
Number of tube rows in the third pass

Thermal conductivity of the tube wall

Deluge water mass flow rate for the two bundles

Geometric relations:

Ly =10.8m

d, = 0.0381 m

d; = 0.0349 m

P, =0.0762 m

P, = 0.06599 m
ny, =2

n, =15

Ng = 32

Npry = 11

Npyz = 3

Npyp =1

ks =43 W/mK
m,, = 106 kg/s



The minimum air flow area through one tube bank is given by
A =(n, +1/2)(P -d,)L, =(32+1/2)x(0.0762—0.0381)x10.8 =13.3731 m
The effective frontal area of one tube bundle is

A

= (n, +1/2) PL, =(32+1/2)x0.0762x10.8 = 26.7462 m’

The effective air-side surface area of the tubes of one bundle

n =x0.0381x10.8%32x15=620.5 m>

rr

A, =nrd Ln
The tube inside cross-sectional area

A, = %df = %><o.o3492 =9.5662x10™ m?

\)

Analysis of the second stage of the hybrid dephlegmator (two horizontal plain tube
bundles)

The simplified Merkel analysis is used to evaluate the performance characteristics of two
horizontal galvanized steel tube bundles when operated as an evaporative condenser. The

problem is solved iteratively.

As stated earlier, it is assumed that the mass velocity of the air passing through the first and
second stage of the hybrid dephlegmator is the same as the air mass velocity through the
finned tube bundles A-frame air-cooled condenser. The air mass flow rate through the tube

bundles of the second stage of the hybrid dephlegmator is

m,, =G, A, =2.741951xX2x26.7462 = 146.67 kg/s

av a’"p(2)

The effect of the fan work and the height of the heat exchanger above the ground on the inlet

temperature of the air are neglected and it is assumed that the drybulb and wetbulb

temperature of the air entering the heat exchanger is respectively, T, =15.6 °C and

T,=10°C.
The relevant energy equations are satisfied for the following values

The outlet air temperature T,o = 38.846 °C
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The mean deluge water temperature Twm = 47.315 °C
The mass flow rate of the steam at the header inlet to the two m, = 9.2463 kg/s
bundles

The enthalpy of the ambient air entering the tube bank is determined according to equation

(A.3.6b), where the specific heats in this equation are evaluated at a temperature

T,/2+273.15=15.6/2+273.15=280.95 K according to equation (A.1.2) and equation

(A.2.2)
Specific heat of air Cpa = 1006.441 ] /kgK
Specific heat of water vapor Cpy = 1869.262 ] /kgK

To find the humidity ratio of the inlet air according to equation (A.3.5), determine the vapor

pressure at the wetbulb temperature 7, =10°C according to equation (A.2.1)

pvwb = 102
where

2=10.79586[1-273.16/(T,,, +273.15) | +5.02808log,, | 273.16/(T,,, +273.15) |

wb wb

+1.50474%10~ |:1 _1 0—8429692{(TW,,+273415)/273A16—1} :|

1+4.2873%10™ [10“'76955{“”“6/ (127315} —1} +2.786118312
=10.79586| 1-273.16/(283.15) |+5.02808log,, | 273.16/(283.15) |
+1.50474x107 [1 _10—8429692{(283415)/273.16—1}:|

+4.2873x10™ [10“'76955{“273‘16/ (283.15)} —1} +2.786118312
=13.,088857

Thus

Doy = 10777 =1227.036 N/'m®

Substituting into equation (A.3.5) gives
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w;

2501.6-2.3263T,, 0.62509p, .,
2501.6+1.8577T,, —4. 184T p,—1.005p, .

1.00416(T, ~T,,)
2501.6+1.8577T, —4.184T,

{ 2501.6-2.3263(10) M 0.62509(1227.036) }

} kg/kg dry air

2501.6+1.8577(15.6)—4.184(10) || 84600—1.005(1227.036)

1.00416(15.6—10)
| 2501.6+1.8577(15.6) — 4.184(10)

=0.0069 kg/kg dry air

} kg/kg dry air

Substitute these values into equation (A.3.6) and find the enthalpy of the air-vapor mixture.

i.=c T. +w( Lo TC T)

mai pa~ ai pv=ai

=1006.441(15.6) +0.0069(2.5016 x10° +1869.262x15.6 )
=33168.914 J/kg

By following the same procedure as above, the enthalpy of the saturated air at the mean

deluge water temperature 7, =47.315 °C is found. The specific heats are evaluated at a

temperature T, /2+273.15=296.808 K according to equation (A.1.2) and equation (A.2.2)
Specific heat of air Cpa = 1006.843 J/kgK
Specific heat of water vapor Cpw = 1882.946 ] /kgK

The vapor pressure is determined at the mean deluge water temperature

2=10.79586[ 1-273.16/(T,,, +273.15) | + 5.02808log , [ 273.16/(T,,,, +273.15)
+1.50474 %10~ [1 _ 10—8.29692{ TM.,,,+273.15)/273.16—1}:|

+4.2873%10™ [104‘76"55{1‘27“6/ (Tt 27315} _ 1} +2.786118312

=10.79586 1—273.16/(320.465) | +5.02808log,, | 273.16/(320.465) |
+1.50474%10™ [1 _ 10—&29692{(320‘465)/273416—1} }

+4.2873x10™ [104‘76"55{1‘27“6/ (20465)} _ 1} +2.786118312
= 4.032854

Py =107 =10*72* =10785.846 N/m’
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The corresponding humidity ratio is then

_{ 0.62509p,

_ { 0.62509x10785.846
pa - 1'005 pvwm

} =0.09140596 kg/kg dry air
84600 — 1.005x10785.846

Substitute these values into equation (A.3.6) and find the enthalpy of the saturated air at the

mean deluge water temperature.

lmaswm = Cpa T:vm + me (l Jfgwo + va T:vm )

=1006.843x47.315 +0.09140596(2.5016x10° +1882.946x47.315)
=284443.451 J/kg

The viscosity of the air evaluated at the mean air temperature, (T, +7,, ) / 2=127.223°C, is

i, =1.848581x107 kg/ms and the corresponding Reynolds number of the cooling air

flowing through the tube bank is then

Re,,, =(m,xd,)/(n,x A xu,,)=(146.67x0.0381)/(2x13.3731x1.848581x10°*)
=11302.581

If the loss of deluge water evaporated is neglected and a uniform water distribution is

assumed, then the water flow rate over half a tube per unit length is

r,=md,/(2n,n,PL)=106x0.0381/(2x2x32x0.0762x10.8)

w o

=0.03833912 kg/sm

The viscosity of the deluge water evaluated at the mean deluge water temperature,
T, =47.315C,is u,, =5.699762x10™" kg/ms and the corresponding Reynolds number of

wm

the deluge water flowing over the tube bank is then
Re, =4 /u, = 4><0.03833912/ 5.699762x10™ = 269.0577

The approximate mass transfer coefficient is calculated by using a correlation given by

Mizushina et al. (1967)

h, =5.5439x10° Re%’ Re%'> d-"% =5.5439% 107 x11302.581* x 269.0577"' x 0.03817"¢

avm wm

=0.1063340 kg/sm”
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The dry air mass flow rate is
m,=m, [(1+w,)= 146.67/(1 +0.0069) =145.67 kg/s

With the above values the number of transfer units can be calculated

NTU, =n,A h, /m, =2x620.5x0.1063340/146.67
=0.9058914

The outlet air enthalpy is

e = g — (b — e ) €70 = 284443 451 — (284443451 - 33168.914) ¢ 251

mao maswm

=182882.947 J/kg dry air

Assuming the outlet air is saturated with water vapor and with the enthalpy of the outlet air

known, the corresponding air temperature can be determined from equation (A.3.6.b)

Tao = (lmau - Wsulfng )/(Cpau + Wsocpvu )

where ¢ and ¢, are evaluated at T, /2+273.15=292.57 K according to equation (A.1.2)

and the saturated outlet humidity according to equation (A.2.2).

Humidity ratio Wy, = 0.05584298 kg/kg dry air
Specific heat of dry air Cpao = 1006.713 J/kgK
Specific heat of water vapor Cpvo = 1879.164 ] /kgK

With these values find

(182882.947 - 0.05584298x 2.5016 x10° )
T, = =38.846 °C
(1006.713+0.05584298 x1879.164)

The rate of heat transfer to the air is then

Q=m, (i, —i )=14567x(182882.947 —33168.914)
= 21808626.795 W

According to Mizushina et al. (1967), the heat transfer coefficient between the deluge water

film and the tube surface can be determined using the following equation
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0.333

h, =2102.9(T, /d, )" =2102.9(0.03833912/0.0381)
=2107.286 W/m°’K

The thermophysical properties of water condensate evaluated at 7, = 60°C

Density p. =983.2168 kg/m’
Specific heat ¢, =4184.094 J/kgK
Dynamic viscosity i =4.631034x10™ kg/ms
Thermal conductivity k. =0.6531892 W/mK
Latent heat of evaporation (o) = 2.358620 % 10° J/kg
Prandtl number Pr, =2.966473

The corresponding thermophysical properties of saturated steam evaluated at 7, = 60°C

Density .. =0.1302307 kg/m’
Specific heat € =1926.889 J/kgK
Dynamic viscosity i, =1.108255x10~ kg/ms
Vapor pressure p,, =1.992512x10* N/m’
Critical pressure p., =22.09x10° N/m’

For relatively low inlet vapor velocities, Re, <35000, Chato (1962) developed a correlation

to determine the condensation heat transfer coefficient inside a tube, while for higher flow
rates the correlation of Shah (1979) can be used. The vapor Reynolds number at the tube

bundle inlet (11 tube rows) can be expressed as

Re, =m, d,/(n, n, n, A, p,)=9.2463x0.0349/(2x11x32x9.5662x10™* x1.108255x10°7)
= 43235.631

where 7, is the number of tube rows the inlet header feeds.

Shah (1979) recommends the following equation to determine the condensation heat transfer

coefficient when all the steam condenses in the tube
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Nu,_ = h;-cd,- =0.023 Re”® Pr"* [0.55 +2.09(p,,./p, )0‘38}

c

where

Re, =m,d,/(nn,n, A pu)=9.2463x0.0349/(2x11x32x9.5662x 10" x4.631034 x10™)
=1034.673

Thus

ho= % Re’® Pr’ [0.55 +2.09(p,,/p,, )0‘38}

c
i

6 0.38
- D020 65382, 10346730 % 2.966473" x| 0.55 +2.00| —= ¥ 10
0.0349 1.992512x10
= 5244.906 W/m’K

The overall heat transfer coefficient between the steam and the water film can then be

expressed as

-1
d In(d /d
UA, =mA, L+ d, +-= n(d,/d,)
an 2.
-1
0.0381x1n(0.0381/0.0349
—2x6205| 4 4 00381 n( / )
2107.286  0.0349x 5244.906 2% 43

-1
=2x%620.5 ! + ! + !
2107.286 4804.389 25730
=1719895.145 W/K

The mean temperature of the deluge water is then

Twm = T:/ _(ma/UaAa )(imaa _imai)

=60—(145.67/1719895.145)(182882.947 — 33168.914)
=47.315°C

The amount of steam condensed in the second stage of the three hybrid dephlegmators in the

array is
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Moo npriay = Tl Q/ifg(c) =3X 21808626.795/2.358620 x10°
=27.739 kg/s

and the amount of water evaporated is

m, (w,, —w,)=145.67(0.05584298 —0.0069)

w(evap) = a( SO

=7.129098 kg/s

m

The rate of heat rejected by the three hybrid dephlegmators is then

Qs =1, (Orce pomia + Qe s ) = 3%(9447235.912 + 21808626.795)
=93767588.121 W = 93.77 MW

and the rate of heat rejected by the air-cooled condenser units as well as the hybrid

dephlegmators is

0=0, +0,, =299067300+93767588.121
=392834888.121 W = 392.8 MW

2.c. Second stage of the hybrid dephlegmator, when operated dry as an secondary

air-cooled condenser

During periods of low ambient temperature or lower demands, the second stage of the hybrid
dephlegmator is operated dry as an air-cooled condenser to reduce the water usage. The
thermal performance characteristics of the galvanized steel tube bundles, if operated dry as an
air-cooled condenser, are analyzed using the one-dimensional analysis suggested by
Zukauskas (1988). (Qengel (2003), Mills (1999) and Kakac (1997) also recommend the use
of this method)

As was stated earlier, for the air-cooled condenser the inlet air is taken to be essentially dry
and the ambient drybulb temperature is, 7, =15.6°C. If the air velocity through the plain

tube bundle is the same as through the finned tube bundles, the air mass flow rate is

m, =146.67 kg/s .

The relevant energy equations are satisfied for the following values
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Outlet air temperature T,, = 32.858°C
Condensation heat transfer coefficient h, = 26089.112 W/m?K

Analysis of the thermal performance of the second stage of the hybrid dephlegmator
operated in dry mode

The thermophysical properties of dry air evaluated at the mean air temperature in the tube

bundle, T, = (T, +T,,)/2=297.38 K, are:
Density £, =0.9909628 kg/s
Specific heat Cpum =1006.862 J/kgK
Dynamic viscosity U, =1.834790x107 kg/ms
Thermal conductivity k, =0.02601819 W/mK
Prandtl number Pr, =0.7100342

The heat transfer rate to the air is

Q, =myc,, (T, ~T,)=146.67x1006.862x(32.858 ~15.6)
= 2548628.377 W

The thermophysical properties of the air at the tube wall are evaluated at the steam
temperature, 7, =60°C, as it is assumed that the thermal resistance of the condensing steam

and the tube wall is negligible.

Specific heat €0 =1008.641J/kgK
Dynamic viscosity i, =1.996772x10~ kg/ms
Thermal conductivity k,, =0.02874972 W/mK
Prandtl number Pr, =0.7005376

The mean air velocity through the tube bundle is

v=m, / (LA, ) =146.67/(0.9909628 x 2x 26.7462 )
=2.766890 m/s

The diagonal tube pitch is
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d t

/
P =[(R/2) +1ﬂ12 =0.0762 m

The maximum velocity of air, based on the smallest area of flow, through a staggered tube

bundle is

b —wx| |2 2.766890x| — 20762
0.0762—0.0381

t o

=5.533780 m/s

The Reynolds number based on the maximum air velocity is

Re. = PanVnand, _ 0.9909628x5.533780x0.0381
b 4, 1.834790x107

=11387.225

Zukauskas (1988) recommends the following correlation to predict the average Nusselt

number

0.25 0.2
P P
Nu, =0.35Re) Pr’* (—Pra'" j (_rj

am r
av

0.7100342)”‘25( 0.0762 j‘“

=0.35x11387.225"°x0.7100342°* (
0.7005376 0.06599

=86.17092
which is valid for 10° < Re,, <2x10°.

As the tube bundles has more than 13 tube rows no tube row correction is required.
The corresponding air-side heat transfer coefficient is then

Nuyk,, 86.17092x0.02601819

]’l: D ~am

‘ d 0.0381

o

=58.84543 W/m’K

The thermophysical properties of water condensate evaluated at 7, = 60°C are

Density P, =983.2168 kg/m’

Specific heat ¢, =4184.094 J/kgK
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Dynamic viscosity 1, =4.631034x10™" kg/ms
Thermal conductivity k. =0.6531892 W/mK

Latent heat of evaporation =2.35862x10° J/kg

Lre(ey

Prandtl number Pr. =2.966451

The corresponding thermophysical properties of saturated steam at 7, = 60°C are

Density .. =0.1302307 kg/m’
Specific heat €, =1926.889 J/kgK
Dynamic viscosity i, =1.108255x10~° kg/ms
Thermal conductivity k., =0.02103909 W/mK
Vapor pressure p,, =1.992512x10" N/m’
Critical pressure p., =22.09x10° N/m*

The mass flow rate of the steam condensed in the bundles is

m, =0, i, =2548628.377/2.35862x10°
=1.080559 ks

For relatively low inlet vapor velocities, Re, <35000, Chato (1962) developed a correlation

to determine the condensation heat transfer coefficient inside a tube, while for higher flow
rates the correlation of Shah (1979) can be used. The vapor Reynolds number at the tube

bundle inlet (11 tube rows) can be expressed as

Re, =m, d,/(n, n, n, A, u.)=1080559x0.0349/(2x32x11x9.5662x10™ x4.631034x10™*)
=120.9158

The flow in the tube is therefore laminar, for which Chato (1962) recommends the following

correlation for the heat transfer coefficient

g p.(p.—p )i, 7
h, =0.555 o

/'lc (T‘v - T:mll )dl
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where the wall temperature is

T

wall

=T, -0, /(n,A,h, ) = 60— 2548628.337/(2x 620.4972x 26089.112)
=59.92101°C

and

i =i ) = 2.35861972x10° +0.68x 4184.094 (60 —59.92101)

=23588844.450 J/kg

wall

+0.68¢,, (T, - T,

Thus

0.25

9.8%983.2168%(983.2168 —0.1302307) x 0.6531892° x 23588844.450
4.631034x107" x(60-59.92101)% 0.0349

h, = 0.555{
= 26089.113 W/m’K

The overall heat transfer coefficient is

-1
d In(d /d,
U(IAZJ :nbA(l do + . n( O/ ’)—l_i
dh 2k h

i’c s a

-1
0.03811n(0.0381/0.0349
=2><620.4972><[ 0.0381 n n( / ) 1 }

+
0.0349x26089.113 2x43 58.84543
=72681.054 W/K

The effectiveness of the heat exchanger is

U, Ay [\ M€ pam ~72681.054/(146.67x1006.862
ec=1—e[ [l ﬂ:l—e[ /(14667 )

=0.3886980

The rate of heat transfer is then

0, =em,c,, (T, —T,) =0.3886980x146.67x1006.862x(60—15.6)

c av— pam v

=2548628.377T W

which corresponds well to the value previously calculated.

The corresponding outlet air temperature is then
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T, =T,+0,/(mc,,)=15.6+2548628377/(146.67x1006.862)
=32.858°C

3. Pressure drop over the inclined finned tube bundles and plain tube bundles of the

first and second stages of the hybrid dephlegmator

The thermophysical properties of air evaluated at the mean air temperature, T,;; = 31.98°C,

arc:

Density P, =0.9657896 kg/m’
Dynamic viscosity My, =1.870404%107 kg/ms

The air mass velocity is, G, =2.741951 kg/sm’

3.a. Finned tube bundle second stage of the hybrid dephlegmator
The geometric parameters of the finned tube bundles in the first stage are:

Finned tube bundle specifications:
The bundles consist of two rows of staggered plate finned flattened tubes, each row having
different performance characteristics such that approximately the same amount of steam

condenses in each row.

Length of finned tube Ly =45m
Inside height of the tube H; = 0.097 m
Inside width of the tube W; =0.017 m
Number of tubes per bundle (first row) Nyp(ry = 57
Number of tubes per bundle (second row) Nepz) = 58
Number of bundles n, =8
Effective frontal area of one bundle (second row) Apr =13.05 m?
Apex angle of the A-frame 20 = 60°

Ratio of minimum to free stream flow area through finned tube bundle ¢ = 0.48
Ratio of minimum to free stream flow area at the inlet to the finned o,; = 0.875

tube bundle
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The loss coefficient across the entire bundle under normal isothermal flow conditions is given

as

K

he

= 4177.0848 1Ry 43265

Pressure loss over the fin tube bundles
The air mass flow rate through the fin tube bundles is

m,=G,A.n

a*  fr'b
=2.741951x13.05%x8
=286.2587 kg/s

The velocity of the air entering the finned tube bundle

v,=G,/p,
=2.741951/0.9657896
=2.839077 m/s

The characteristic flow number, based on the minimum frontal area, is calculated as follows:

Ry = ma/(nbAfr/uanzb(l) /”zb(z))
= 286.2587/(8 x13.05%1.870404 %107 x 57/58)
=149168.624 m™

Thus the heat exchanger loss coefficient is

—0.4392686

K, =4177.08481(149168.624)
=22.29663

The contraction coefficient is

0., =0.6144517 +0.045664930,, —0.33665107, +0.40827430%,
+2.67204107, —5.96316907, +3.5589440°,

= 0.6144517 +0.04566493(0.875) — 0.336651(0.875)° +0.4082743(0.875)’

+2.672041(0.875)" —5.963169(0.875)" +3.558944(0.875)°
=0.7751481

and the entrance contraction loss coefficient is
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(1 O
K, - {_(__ﬂ
0-21 Gc‘i
|1 L
0.87510.7751481

=0.1099025

The effective mean inlet flow angle is

6, =0.00196" +0.91336 —3.1558

=0.0019(30)" +0.9133(30) - 3.1558
= 25.95320°

The downstream loss coefficient, K, consists of the turning and the jetting losses as well as

the kinetic energy loss to the atmosphere. The fin jetting loss is

HUH }(5}(&}@“
! L L L )\L )86

05 2
L L
+{exp 2 36987 +5.8601x107%6 —3.3797x10™° 92)[L j} (f’J:l
b

2
{ -2, 89188 j+ 2.93291(2%) }x{sin 30° —1.25/(2x4.5) +0.2/4.5}"

x| 1-0.5%1.25/{4.5(sin 30+0.2/9. 5)}] x(28/30)™

+ exp 2 36987 +5.8601x107* x30—3.3797 %107 ><302)

[
{
x(1-05%1.25/(4.5(sin30 +0.2/4.5)))} {1+ 0.2/(4.5xsin 30)}71}2
= 0.9392075

and the outlet loss coefficient is
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K, [{—2.89188(2j+2 93291| = } %
H -2. 89188(Z§J+2 93291(2 ij } [1—0.5><1.25/{4.5(sin30+2/4.5)}]3

+1.9874 —3.02783{0.5x1.25/4.5(sin 30+ 0.2/4.5)}

+1.9874-3.02783| 4 | +2.0187
21,

+2.0187{0.5x1.25/4.5(sin30 + 0.2/4.5)}1

x{sin30—-1.25/(2x4.5)+2x 4.5}
=7.877391

Thus

K,=0.9392075+7.877391=8.816598

For iso-thermal flow, the total loss coefficient at the outlet of the finned tube bundle is

K, =K, + RN [ +2K% |+(K, +K,)
sin@, sin@, !

= 22.29663 + ! -1 ! —1 [+2x0.1099025"" | +8.816598
sin(25.95320°) sin (25.95320°)

=33.61645

The pressure drop over the A-frame condenser unit is thus

2
_ K&t (ma/A r)
2pm
_ 33.61645(286.2587/13.05)°
- 2(0.9657896)

=130.8455 N/m”
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3.b. Pressure drop over the deluged galvanized steel tube bundle

The geometric parameters of the horizontal plain tube evaporative condenser are:

Tube length L, =10.8m
Tube outer diameter d, = 0.0381 m
Tube inner diameter d; =0.0349 m
Transversal tube pitch P, = 0.0762 m
Longitudinal tube pitch P, =0.06599 m
Number of tube bundles n, =2

Number of tube rows n, =15
Number of tubes per row Ng = 32

Spray zone height L, =0.6m
Deluge water mass flow rate over both tube bundles m,, = 107 kg/s

The air mass flow rate is

m, =GA n

a®“fr "7b
=2.741951x26.7462x2
=146.6735 kg/s

The velocity of the air entering the plain tube bundle
v, =G, /P,

=2.741951/0.9657896
=2.839077 m/s

The approximate water flow rate over half a tube per unit length

r,=md,[(24,n,)
=107x0.0381/(2x26.7462%2)
=0.03810541 kg/sm

According to Nitsu (1969) the estimated pressure drop over the wetted tube bundle is
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Apa = 49an (mav/(nbAc ))1‘85 (Fm/do )0.285
if 2<m, /A <6 and 1.3<T, /d <3.5.
where

m,, /(n,A.)=146.6735/(2x13.3731) = 5.483902 kg/sm”

T, /d, =0.03810541/0.0381=1.000142 kg/sm’

The pressure drop over the horizontal plain tube bundle is then

0.285

Ap, =4.9x15%0.05699(5.483902)"* (1.000142)
=113.0053 N/m’

The water mass velocities based on the frontal area of the fill is
G, =m,/(n,A,)=107/(2x26.7462) = 2.000284 kg/sm’
The pressure drop over the water collecting troughs is (Kroger, 2008)

Ap — 0 6954G0A2471G2A3365 + 0 00526G349812G0A3947
=0.6954(2.000284) """ (2.741951)*"* +0.00526 (2.000284)
=8.836627 N/m’

2.3365 3.9812 ( 0.3947

2.741951)

Cale (1982) suggested the loss coefficient for the spray zone be expressed as

K, =~L,[04(G,/G,)+1]
=0.6x[ 0.4(2.000284/2.741951) +1]
=0.7750827

The drop coefficient for the drift eliminators can be expressed as (Kroger, 2004)
K, =27.4892Ry "

where

Ry =m, [(n,u A, ) =146.6735/(2x1.870404x 26.7472)
=146596.751
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Thus

)70‘ 14247

K, =27.4892(146596.751 =2.469341

The pressure drop in the spray zone and over the drift eliminators is

Apde + Aps‘z = (Kde + Ksz )I:ma/(nbAfr )j|/(2pa )
= (2.469341+0.7750827)[ 146.6735/(2% 26.7462) | /(2x 0.9657896 )
= 4.605584 N/m’

Pressure drop due to a loss in kinetic energy at the exit of the bundle is

Ap,, =%,0v2

- %x0.9657896><2.8390772

=3.892305 N/m’

The total pressure drop over the wet plain tube bundle is then

Apec :Apa +Aptr +Ap?z +Apde +Apke
=113.0053 +8.836627 + 4.605584 + 3.892305
=130.3399 N/m*

This pressure drop is essentially the same as that across the finned tube bundle or first stage

of the dephlegmator (130.8455 N/m*)

4. Adiabatic cooling

If the ambient air entering an A-frame air-cooled condenser is adiabatically cooled by
introducing a fine spray or mist into the air, a higher heat rejection rate can be achieved. To
find the humidity ratio of the ambient air according to equation (A.3.5), the vapor pressure at

the wetbulb temperature is determined according to equation (A.2.1)

pvwb = 10:

where
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2=10.79586[1-273.16/(T,,, +273.15) | +5.02808log,, | 273.16/(T,,, +273.15) |

wb

+1.50474%10~ |:1 _1 0—8‘29692{(TW,,+273‘15)/273A16—1} :|

+4.2873%10™ [104'76955{1‘27“6/ (T 273.15) —1} +2.786118312
=10.79586| 1-273.16/(283.15) |+5.02808log,, | 273.16/(283.15) |

+1.50474%107 [1 _1 0—8429692{(283415)/273.16—1} J

+4.2873%10™ [104'76955{1‘27“6/ (283.15)} —1} +2.786118312
—3.088857

thus

Py =107 =1227.036 N/m’

Substituting into equation (A.3.5) gives

. 2501.6—2.3263T,, 0.62509p,,

71 2501.6+1.8577T,, —4.184T,, || p, —1.005p
1.00416(T, T,
2501.6+1.8577T,, —4.184T

wb

vwb

} kg/kg dry air

~ 2501.6-2.3263(10) 0.62509(1227.036)
| 2501.6+1.8577(15.6)—4.184(10) || 84600—1.005(1227.036)

B 1.00416(15.6-10)
2501.6+1.8577(15.6) - 4.184(10)

=0.0069 kg/kg dry air

} kg/kg dry air

It is assumed that during adiabatic cooling the constant wetbulb temperature line on the

phsychromatic chart is followed and the air leaving the spray zone, entering the condenser

units, is saturated with water vapor. If the air is cooled up to a point where it is saturated with

water vapor, then 7, =7, =10°C and according to equation (A.3.5) the saturated humidity

ratio is
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p,—1.005p, ,
[ 0.62509(1227.036)
~ | 84600-1.005(1227.036)

=0.0092 kg/kg dry air

Taking the dry-bulb temperature as 7, =10°C and following the same procedure as given in
Section 1, the heat rejected by one of the finned tube A-frame air-cooled condenser units is,

0 =328 MW and the air mass flow rate through one of the units is, m, =619.5kg/s .

The total mass flow rate of the water evaporated in all the condenser units during the

adiabatic cooling of the ambient air is

):n‘nm (Wso_wi)

\/V( evap s C a

=3x6x619.5(0.0092—0.0069)
=25.6473 kg/s

5. Comparison between the heat transfer coefficients

The correlations of various heat transfer coefficients are compared with each other. The

conditions given in Section 1 and Section 2 are used.
5.a. Condensation heat transfer coefficient in a tube

The vapor Reynolds number at the tube bundle inlet can be expressed as

Re, =m, d,/(n, n, n, A, u,)=9.2463x0.0349/(2x11x32x9.5662x10™* x1.108255x10°)
= 43235.631

For relative low inlet vapor Reynolds numbers, Re, <35000, Chato (1962) recommends the

following correlation for calculating the condensation heat transfer coefficient

98 ( _ )k3l 0.25
h(=0555|: . pc pc pvs c fg:l

luc (Tv - Twall ) di
where the wall temperature is
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T

wall

=T, —0Q/(n,A,h, ) =60-21808626.795/(2% 620.5% 5244.906)
=56.649°C

and i o 18

i;’g = ifg(c) + 0'68C1)C (T‘v _T;val/ )
=2.35861972x10° + 0.68x4184.094 (60 —56.649)
=2.368154x10° J/kg

Thus

9.8x983.2168x(983.2168—0.1302307)x0.6531892* x 2.368154x10° |~
4.631034x10™* x (60— 56.649)x0.0349

h. =0.555

=10156.582 W/m’K

For higher vapor flow rates, Shah (1979) recommends the following equation to determine
the condensation heat transfer coefficient

h;cdf =0.023 Re!* Pr*[ 0.5+2.09(p, /p,)"" |

c

Nu, =

where

Re, =md, [(n,n,n, A u. )= 9.2463><0.0349/ (2x11%32x9.5662x10™* x4.631034x10™")
=1034.673

Thus

h = % Rel* Pr*[055+2.09(p,./p,.)"" |

¢
i

6 0.38
- D020 65382, 1034.673%% % 2.966473" x| 0.55 +2.00| —= ¥ 10
0.0349 1.992512x10
= 5244.906 W/m’K
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5.b. Deluge water film heat transfer coefficient

According to Mizushina et al. (1967), the heat transfer coefficient between the deluge water

film and the tube surface can be determined using the following equation

)0‘333

h, =2102.9(T, /d, )" =2102.9(0.03833912/0.0381
=2107.286 W/m’K

Parker and Treybal (1961) recommend the following correlation

h, =704(1.3936+0.02214T, )(T,, /d, )"

wm

=704(1.3936 +0.02214x47.315)(0.03833912/0.0381
=1722.157 W/m’K

)0333

and Nitsu et al. (1969) suggest the following correlation

hw = 990(Fm /d(J
=990(0.03833912/0.0381
=992.8533 W/m’K

)0‘46

)046

5.c.  Water-air interface mass transfer coefficient

The approximate mass transfer coefficient is calculated by using correlation given by

Mizushina et al. (1967)

h, =5.5439x10° Re%’ Re%'> d-"% =5.5439% 107 x 11302581 x 269.0577"' x0.03817"¢

avm wm

=0.1063340 kg/sm’

Parker and Treybal (1961) recommend the following correlation

0.905

h, =0.04935(m,,, /(n,A.))
= 0.04935(146.67/(2x13.3731))""
=0.2302 kg/sm’

and Nitsu et al. (1969) suggest the following correlation
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hd = 0‘076(mavi/AC )08
=0.076(146.67/(2x13.3731))""
=0.2965 kg/sm’
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